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S u m m a r y
Active roll control is known to offer substantial improvements in ride and handling performance 
over the most sophisticated passive suspension systems. The potential of many different active 
suspension systems has been widely discussed in the past but as yet no information has been 
made available regarding the actual performance of a working active roll control system. This 
study has focused on the design, development, commissioning and experimental evaluation of a 
roll control suspension based on active anti-roll bar actuation.
Computer simulation has played a central roll throughout the duration of the study. The time 
domain simulation package BATH#? was ideal for system development due to its extensive 
libraries of hydraulic, control and vehicle dynamic models. Several additional models were 
subsequently developed for the design and analysis of the active system.
Experimental dynamic handling measurements acquired from a fully instrumented passive 
vehicle showed the simulation to perform within an acceptable degree of accuracy, most error 
being attributed to the largely unpredictable variations in tyre behaviour. The final design of the 
proposed anti-roll system was completed and the active components installed within the test 
vehicle.
Further testing of the newly commissioned active test vehicle demonstrated excellent steady state 
and dynamic roll cancellation within the lateral acceleration range of ±0.5g.
A comprehensive simulation based optimisation study has revealed methods for the further 
improvement of system stability through intelligent positioning of the controlling accelerometer, 
cost reduction by valve bandwidth minimisation, power consumption reduction through the use 
of valve deadband and supply pressure reduction, and ride improvement through the introduction 
of valve centre position flow paths.
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N o m e n c l a t u r e
The majority of nomenclature used throughout the thesis is given in the following sections. Any 




g acceleration due to gravity (m/s2)
m mass (kg)






2. VEHICLE BASED CO-ORDINATES
X longitudinal displacement, positive forwards (m)
y lateral displacement, positive to starboard (m)
z vertical displacement, positive downwards (m)
roll displacement, positive clockwise about x (rad)
e pitch displacement, positive clockwise about y (rad)
V yaw displacement, positive clockwise about z (rad)
S ubscripts
s refers to sprung mass
u refers to unsprung mass
su sprung mass relative to unsprung mass
3. BASIC SUSPENSION PARAMETERS
a lateral deflection of sprung mass CG due to roll (m)
h vertical distance between roll centre and sprung mass CG (m)
m.v sprung mass (kg)
t track (m)
F, suspension linkage force (N)
Mx suspension linkage roll moment (Nm)
Msusp suspension roll moment due to springs, dampers and anti-roll bars (Nm)
Subscripts
1,2 refers to the right and left hand sides of the vehicle, respectively
a,b refers to the front and rear of the vehicle, respectively
4. HYDRAULIC SYSTEM PARAMETERS
A area (m2)
B bulk modulus (N/m2)
c , flow coefficient (-)
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p fluid density (kg/m3)
S u bscripts
p refers to actuator piston end
r refers to actuator rod end
5. FRONT ANTI-ROLL SUSPENSION PARAMETERS
d horizontal component of line C (m)
h drop link lower joint vertical deflection from anti-roll bar axis (m)
k anti-roll bar stiffness (Nm/rad)
la suspension swing arm length (m)
lb distance from swing arm pivot to drop link lower joint (m)
rh suspension ride height (m)
s actuator stroke length (m)
X actuator displacement from mid-stroke (m)
zb wheel centre vertical displacement (m)
zt sprung mass eyebrow vertical displacement (m)
A actuator length (m)
B anti-roll bar crank arm length (m)
C length of line joining actuator lower joint to anti-roll bar axis (m)
T anti-roll bar torque (Nm)
Z drop link lower joint vertical deflection from metal-to-metal position (m)
a angle of crank arm centre-line relative to line C (rad)
angle between actuator centre-line and line C (rad)
anti-roll bar twist angle (rad)
7 angle between actuator centre-line and crank arm centre-line (rad)
d angle of crank arm centre-line relative to the horizontal (rad)
V angle of actuator centre-line relative to perpendicular of crank arm centre-line (rad)
C angle of line C relative to the horizontal (rad)
Subscripts
act refers to forces applied to the actuator
des refers to vehicle static design condition
mid refers to geometry with actuator at mid-stroke
wheel refers to forces applied at the wheel
MM refers to fully compressed metal-to-metal condition
1,2 refers to the right and left hand sides of the vehicle, respectively
6. REAR ANTI-ROLL SUSPENSION PARAMETERS
h drop link lower joint vertical deflection from anti-roll bar axis (m)
k anti-roll bar stiffness (Nm/rad)
la transverse distance from wheel centre to drop link attachment point (m)
rh suspension ride height (m)
t track (m)
X actuator displacement from mid-stroke (m)
zb wheel centre vertical displacement (m)
zt sprung mass eyebrow vertical displacement (m)
A distance between actuator trunion and rod-end pivots (m)
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B length of line joining anti-roll bar axis to actuator trunion pivot (m)
C length of line joining anti-roll bar axis to actuator rod-end pivot (m)
P longitudinal distance from anti-roll bar axis to drop link lower joint (m)
Q length of line joining anti-roll bar axis to drop link lower joint (m)
s anti-roll bar crank arm length (m)
T anti-roll bar torque (Nm)
Z drop link lower joint vertical deflection from metal-to-metal position (m)
a angle between lines B and C (rad)
e angle between line Q and drop link centre-line (rad)
anti-roll bar twist angle (rad)
X angle between line Q and crank arm centre-line (rad)
P angle between crank arm centre-line and drop link centre-line (rad)
e angle between line Q and the horizontal (rad)
Su bscripts
act refers to forces applied to the actuator
des refers to vehicle static design condition
mid refers to geometry with actuator at mid-stroke
wheel refers to forces applied at the wheel
MM refers to fully compressed metal-to-metal condition
1,2 refers to the right and left hand sides of the vehicle, respectively
7. REAR SUSPENSION ROLL CENTRE LOCATION
Ipr length of Panhard rod (m)
ly lateral distance from wheel centre to Panhard rod lower pivot (m)
lz vertical displacement of Panhard rod lower pivot (m)
t track (m)
trc tangent of instantaneous tyre path curvature (-)
uy lateral distance from wheel centre to Panhard rod upper pivot (m)
uz vertical displacement of Panhard rod upper pivot (m)
yrc roll centre lateral displacement from vehicle centre-line (m)
zb wheel centre vertical displacement (m)
zhrc roll centre vertical displacement (m)
zrc roll centre displacement below mean eyebrow plane (m)
zt sprung mass eyebrow vertical displacement (m)
8. PRESSURE COMPENSATED PUMP PARAMETERS
c speed dependent friction coefficient (Nm/s)
m spool mass (kg)
X spool displacement (m)
A(jp valve opening area (m2)
As spool cross-sectional area (m2)
cq flow coefficient (-)
F force (N)
Pa swash plate actuator pressure (N/m2)
Pc case pressure (N/m2)
Ps supply pressure (N/m2)
Q flow rate (mVs)
R valve port radius (m)
V fluid velocity (m/s)
e fluid velocity vector angle (rad)
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S ubscripts
/  refers to flow force
c refers to coulomb friction force
s refers to stiction force
pre refers to spring pre-load force
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1 . In t r o d u c t i o n
1.1. INTRODUCTION
The first leaf sprung beam axle suspension systems were put to use on horse-drawn carriages 
long before the advent of the automobile. Since then, automotive suspensions have been refined 
almost beyond all recognition until a plateau has been reached in the performance of passive 
systems. A key factor in the diminishing returns of further passive suspension development lies in 
the fundamental conflict imposed by ride and handling requirements.
Over the past thirty years various active suspension systems have been developed which aim to 
further improve suspension performance by de-coupling the requirements of ride and handling. 
Systems have been investigated by researchers and vehicle manufacturers alike as advances in the 
electronic and electro-hydraulic industries have improved the reliability and reduced the cost of 
the necessary system components. To date, only the most basic of these systems offering limited 
benefit have met any degree of success in the marketplace, many systems being abandoned in the 
research laboratory due to extraordinarily high cost and unacceptable degrees of complexity.
Active roll control is one type of active suspension that shows potential for improving vehicle 
ride and handling at a reasonable cost. It is known that several major vehicle manufacturers are 
currently developing roll control systems for production vehicles. In view of the intensity of these 
development programmes, functioning systems are expected to be available to the customer 
within the next five years. However, to the best of the author’s knowledge, there still remains no 
published information on the physical design, implementation, testing and performance 
evaluation of any active roll control device. It has thus been the objective of this study to fully 
investigate such a system through the use of/ computer simulation and by the physical 
implementation of a working prototype vehicle.
1.2. FUNDAMENTAL REQUIREMENTS OF VEHICLE SUSPENSION SYSTEMS
In order that the problems of suspension design may be understood, a brief introduction to the 
functional requirements of suspension systems are given, together with an overview of the way in 
which vehicle dynamic forces interact with suspension kinematics. Terminology used in this and 
subsequent sections of the thesis may be cited in SAE J670e, “Vehicle Dynamics Terminology” 
(1976).
Design and Development of an Active Roll Control Suspension Page 12
School o f Mechanical Engineering University o f Bath
1.2.1. Prim ary S uspension  Functions
Suspension requirements are often summarised into the following general categories; isolation of 
the occupants from road disturbances, control of the body attitude, control of the wheel attitude, 
minimisation of tyre dynamic loading and the maintenance of the suspension elements within 
their working space. Each of these areas is expanded upon in the following sections.
(i) Isolate occupants from road disturbances.
Very simply, if the vehicle body is to be isolated from road vertical disturbances then a soft 
suspension is required. This implies the selection of low spring and damper rates. Despite this 
principle being basic in concept, quantifying vehicle ride performance remains a large problem 
for automotive engineers. Several British and international standards have attempted to provide 
guidelines for such evaluations although their reliability remains questionable.
The draft British Standard, BS DD 32 (1974), suggested frequency weighted time limitations for 
human exposure to whole body vibrations. A similar functioning standard, ISO 2631 (1985), was 
later adopted by the International Standards Organisation. A more recent development of the 
original British Standard, BS 6841 (1987), supersedes these two publications by providing 
guidelines for several limiting scenarios (decreased health, co-ordination impairment, discomfort, 
vision detriment etc.) over a broader frequency range. However, these standards remain far from 
complete since there is very little guidance given for combining vibration exposure in more than 
one direction.
A system developed by NASA (Leatherwood and Barker, 1984) is more suited to vehicle studies. 
A ride number is derived by exposing the vehicle (either on a test rig or in simulation) to a road 
of known frequency content and processing results of sprung mass acceleration in the x, y, z, roll 
and pitch directions. The major shortfall of this system is that it provides no means of indicating 
discomfort sources within the frequency domain. A development of this system by the Rover 
Group (Kafetzis and Lucas, 1993) utilised the generation of two numerical ratings for high and 
low frequency bands. Kafetzis states, however, that the ultimate judge of vehicle ride will remain 
to be the expert test driver.
(ii) Control body attitude.
This includes control over body pitch angle during acceleration and braking and control over 
body roll angle during cornering manoeuvres. Pitching motions are reduced with the use of anti­
dive and anti-squat suspension geometries and body roll may be controlled through sensible roll 
centre positioning and the addition of anti-roll bars.
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(iii) Control wheel attitude.
This encompasses variations in camber, track and toe angle with vertical suspension movement. 
Camber and track are primarily dependent upon roll centre location, a roll centre close to ground 
level being desirable. Suspension toe is governed chiefly by the angle made by the suspension 
pivot axis and the vehicle centreline in the horizontal plane. Suspension compliance also affects 
these parameters. Generally, it is desirable for the wheel to remain perpendicular to the road and 
for there to be minimal changes in track during suspension compression.
(iv) Minimise tyre dynamic load.
Changes in tyre normal load are undesirable since they result in the variation, and maybe even 
loss, of longitudinal and lateral tyre forces. Dynamic tyre loading results from vertical deflection 
of the wheel relative to the road surface as it passes over road irregularities. Typically, a low 
damped system will permit large oscillations of the unsprung mass and hence large dynamic tyre 
loading. In order to minimise dynamic tyre load, a large amount of suspension damping is 
required.
(v) Maintain the suspension within its working space.
A suspension system possesses a finite amount of vertical travel before it encounters rubber 
bump or rebound stops. If these stops are engaged then the driver can expect a sudden and 
dangerous change in vehicle handling characteristics and a drastic reduction in ride quality. The 
suspension must therefore be capable of maintaining the suspension within its working space 
during changes in both static and dynamic loading.
Summary
Very simply, in order to satisfy the first of the above requirements a suspension with relatively 
soft spring and damper rates is required. The second and third points rely partly upon the 
suspension linkage kinematic design but also benefit greatly from firm springs and dampers. The 
fourth point requires firm damping and the final point firm springing and damping.
This then is the dilemma presented to the automotive engineer. In passive suspension design a 
compromise will always be necessary in order to balance the conflicting requirements of the 
various suspension functions.
1.2.2. INTRODUCTION TO VEHICLE DIRECTIONAL STABILITY
Vehicle dynamic and steady state directional stability is dependent on two major factors; the 
performance of the tyres in response to changing load, slip and attitude, and the way in which the 
suspension transfers forces between the sprung and unsprung masses. These two areas overlap by 
virtue of the kinematic influence of suspension linkages on wheel attitude.
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A fundamental suspension property which influences both force and motion is that of the force 
roll centre. Lateral forces generated at the tyre contact patches are transmitted through the 
suspension linkages to the force roll centres, as described by Dixon (1987). The vertical 
positioning of the roll centre not only influences the lateral load transfer (LLT) of that axle but 
also determines the degree of body roll that will occur during cornering. Lateral load transfer and 
suspension roll both have significant implications for vehicle handling during steady state and 
dynamic manoeuvres.
As lateral load transfer increases, the ability of an axle to generate side forces diminishes due to 
the non-linear tyre characteristics (Heisler, 1989). Directional stability is heavily dependent upon 
the relative degree of lateral load transfer at the front and rear axles, or lateral load transfer 
distribution (LLTD). Generally, for limit steady state handling, a front biased LLTD will result in 
saturation of the front axle before the rear and a plowout will ensue. With a rear biased LLTD the 
rear axle saturates first and an undesirable spinout occurs. The high body slip angles associated 
with spinout may further lead to rollover, as demonstrated by the testing conducted by Wade- 
Allen, Szostak, Rosenthal, Klyde and Owens (1991).
Clover and Bernard (1993) showed the further implications of LLTD on dynamic handling. With 
a rear biased LLTD the front axle may rapidly generate large side forces upon step steer tum-in, 
generating large overshoots in yaw velocity and body slip angle. Instability, spinout and rollover 
may then take place.
Because of these effects it is generally accepted that a small degree of understeer is desirable for 
a safe handling characteristic. To this end, the British Standards BSAU 189 (1983) and 
BS AU 230 (1989) give guidelines for evaluating the steady state and dynamic handling 
characteristics of passenger vehicles.
With regard to the influence of body roll on vehicle handling, the compounded effects of sprung 
mass lateral CG shift, roll steer, camber thrust and track change tend to be detrimental to steady 
state and dynamic performance. Nalecz (1987) showed how a badly designed suspension may 
also exhibit large changes in handling characteristic during roll progression due to movement of 
the roll centres.
Complex suspension design may be undertaken to reduce the presence of roll but, due to the 
fundamental limitations of passive suspension performance, minimising roll inevitably gives rise 
to other problematic characteristics such as large jacking forces, track and camber change. The 
following section describes the development of passive systems from their first use on early 
automobiles to the advanced multi-link systems of today.
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1.3. THE DEVELOPMENT OF PASSIVE SUSPENSION SYSTEMS
Passive suspensions have been the subject of extraordinary development since their first 
introduction on horse-drawn carriages over one hundred years ago. Much information is available 
regarding their continual development; review publications provide an excellent source for 
tracing the progress of the various systems (Segel, 1993). An overview of the main developments 
in the field of passive suspension design is given in the following sections.
1.3.1. Beam  Axle  S uspensions
Leaf sprung beam axle suspensions, fitted to the first automobiles, consisted of solid axles 
connecting the left and right wheels with the vehicle body suspended on shackled multi-leaf 
springs. This simple design suffered from many undesirable characteristics such as its large 
unsprung mass giving rise to poor ride characteristics and large dynamic tyre loading. Multi-leaf 
springs were renowned for their high levels of friction, adding to poor ride quality, and also 
exhibited severe axle wind-up under braking leading to tramp, negative castor and consequently 
negative self aligning torque. The narrow spring track required for accommodating the steering 
mechanism would result in low roll stiffness and poor axle location would lead to resonant 
interaction between hop and shimmy.
1.3.2. In d epend ent  S uspension  System s
One of the earliest works on the advantages of independent coil sprung suspension over leaf 
sprung solid axle systems is that of Olley (1934). Independent coil systems offer a reduced level 
of friction, the removal of left-right wheel interaction, increased roll stiffness, a reduction in axle 
wind-up due to improved location methods, and an increased availability of space between the 
wheels for locating engine components.
Interestingly, although Olley was one of the first engineers to implement this new technology into 
production vehicles there were several shortfalls in his understanding of suspension systems. 
Olley believed that tyre slip stiffness was independent of normal load, implying that lateral load 
transfer would have no affect on handling, and he also suggested the existence of a vehicle mode 
of vibration corresponding to the vehicle mass oscillating on the tyre stiffnesses. As pointed out 
by Best (1984), this is known to be false since the primary peaks on a sprung mass frequency 
response plot are those of the vehicle body on the secondary suspension and the unsprung masses 
on the tyre vertical stiffnesses.
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1.3.3. Passive  Suspension  Linkage Arrangements
Passive suspensions have taken many different forms since their first introduction. Early designs 
included the simple short swing arm, as used by Triumph, Porsche, Volkswagen, Renault and Fiat 
(Puhn, 1976), and the parallel trailing arm design initially used by Porsche and later adopted by 
Volkswagen (Bastow, 1988). Each of these designs were characterised by their own differing 
strengths and shortfalls. For example, the short swing arm design exhibited reasonable camber 
control during roll but experienced bad jacking due to a high roll centre. Conversely, the parallel 
trailing arm design totally eliminated all jacking forces but experienced high levels of undesirable 
camber thrust.
The semi-trailing arm type, which remains a popular rear suspension, combines the properties of 
the swing arm and trailing arm systems (Heisler, 1989). In doing so, the linkages permit almost 
total elimination of camber thrust during cornering and also empowers the designer with great 
control over roll steer characteristics. The design has appeared on the rear axles of many different 
production cars and is used for both front and rear suspensions on Porsche’s 911.
The MacPherson strut or Chapman strut is currently the most popular choice for front suspension 
systems, combining low cost with reasonably low roll centre positioning. Its concentric 
combination of spring and damper into a single unit makes it ideal for use in applications where 
suspension linkage attachment points are restricted due to the presence of steering elements. 
Possibly the greatest drawback of the MacPherson strut is its considerable height, making it 
unsuitable for use in low sports cars.
The double wishbone suspension represents the most versatile passive system as it permits the 
designer to exercise full control over roll centre location (and therefore camber variation) and 
also anti-dive and anti-squat geometries. Although more costly than most other arrangements, it is 
compact in design and hence widely used in sports cars.
1.3.4. Alternatives  to  Coil  Springs and  P iston  Dam pers
Alternative systems to the conventional coil spring and damping arrangement have been designed 
by Moulton Developments Ltd, UK (Moulton and Best, 1979). Moulton Developments lodged a 
patent for the Interconnected Hydragas system in 1955 and first productions on the BMC 1100 
were seen in 1962. The system used a bonded rubber cone springing element in parallel with a 
hermetically sealed water based fluid damper. Fluid interconnection of the front and rear damper 
chamber reduced the body pitching stiffness and thus gave substantial ride improvements. 
Hydragas, a development of the Hydrolastic system, included a nitrogen gas spring and tapered
Design and Development o f cui Active Roll Control Suspension Page 17
School o f Mechanical Engineering University o f Bath
piston for displacement of the fluid. Similar systems, using hydraulic oil and air springs, have 
been adopted by other manufacturers and are generically termed oleo-pneumatic.
1.3.5. R ecent Developm ents  in Pa ssive Suspension  T echnology
More recent developments in the field of passive suspension engineering have included the 
introduction of multi-link technology. Multi-link suspensions use a combination of stiff and non­
stiff bushings, together with additional track arms, to control the steered angle of rear suspension 
systems (Andersson, Bane and Larsson, 1989). As well as a multi-link rear suspension, the 
McLaren FI sports car (Randle, 1993) uses a system of complex mounting bushes to position the 
suspension axes of least torsional rigidity in such a way as to minimise axial wind up under 
acceleration and braking.
It should be noted that developments in tyre materials and construction techniques has made an 
equally large impact on vehicle safety and handling. More recently, low profile tyres have offered 
improved benefit from their faster speed of response in lateral and longitudinal load generation, 
as demonstrated through the comparative studies of Tomaske (1990).
1.4. DEVELOPMENT OF ACTIVE SUSPENSION SYSTEMS
In more recent years, a considerable amount of work has been undertaken to develop active 
suspension systems, most of which has been cited by Elbeheiry, Kamopp, Elaraby and 
Abdelraaouf (1995). Through the use of sophisticated electronic, electrical and electro-hydraulic 
components active suspensions offer improvements in performance over the best designed 
passive systems. Such systems have taken many different forms and vary greatly in the benefits 
they offer.
Review papers, such as that of Nagai (1993), describe the basic functions of many active 
suspension systems. The following sections define the major categories of active suspension and 
highlight the advantages and shortcomings of each type.
1.4.1. Semi-Ac tive  S uspensions
Semi-active suspensions encompass both variable spring and variable damper systems. The semi­
active damper was the first of these two systems to be explored and has appeared in two different 
forms; that of the switchable damper where the rate is changed between two or more settings 
through the energising of solenoid valves (Tsutsumi, Dato, Kawaguchi, Hirose and Mizuno, 
1990), and the more complex continuously variable damper where orifice opening is controlled 
by rotation of a stepper motor (Barak, 1992).
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Typically, such systems default to a firm setting to optimise vehicle attitude control and dynamic 
tyre loading. If a wheel-to-body velocity transducer detects a road disturbance then the system 
switches rapidly to a soft setting. Special logic is included within the controller to prevent this 
action during dynamic manoeuvres and also to engage the soft setting during continued straight 
line driving.
Citroen have successfully used a modulating spring and damper system, known as Hydractive, on 
their XM range (Curtis, 1991). During straight line driving a solenoid valve opens a flow path to 
an additional oleo-pneumatic unit mounted at each axle. This additional spring/damper unit 
works in series with the standard units, effectively reducing both stiffness and damping.
1.4.2. Low Ban dw id th  Load  Levellers
These bandwidth limited devices, pioneered by Citroen in 1955 (Curtis, 1991), use actuators to 
react changes in static loading. A bandwidth much below 1 Hz ensures that there is no response 
to manoeuvre induced dynamic loading or road disturbance.
Typically, as with the system fitted to Citroen’s BX, height sensing valves control flow to oleo- 
pneumatic units, affecting the steady state suspension ride height. Inclusion of a low bandwidth 
load leveller into a suspension system permits softer spring rates to be used and preserves the 
availability of the full suspension working space under a wide range of loading conditions.
1.4.3. Dynam ic  Load  Levellers
These devices, typically bandwidth limited to around 3 Hz (Sharp and Hassan, 1987), are of 
higher bandwidth than the aforementioned systems and aim to react dynamic changes in 
suspension forces. In addition to maintaining a set ride height regardless of variations in vehicle 
weight, such systems also affect vehicle attitude under braking, acceleration and cornering by 
attempting to eliminate changes in pitch and roll.
The passive spring and damper elements are retained and a load levelling actuator, controlled by 
a proportional valve, is mounted in series with the spring at each wheel station. The bandwidth 
limitation of these devices prevents them from responding to road disturbances. Thus, the 
conventional passive elements are relied upon for controlling the vertical motions of the 
unspmng masses and also for isolating the sprung mass from high frequency road noise.
Various systems have been investigated where the active actuator is mounted in series with a 
conventional coil spring, such as that of Sharp and Hassan (1987). Similarly, other systems have 
used oleo-pneumatic elements for the task of passive isolation (Williams, Best and Crawford, 
1993) where additional oil is directed to and from the damper chamber. The latter arrangement is
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generally viewed as preferable over the former since the combination of spring, damper and 
piston into a single unit reduces cost.
In terms of instrumentation, a Jaguar based oleo-pneumatic system (Williams and Best, 1994) 
required measurements of body vertical acceleration, wheel to body velocity and cylinder 
pressure at each wheel station. It was found that an improved response was attainable through the 
additional measurement of body lateral and longitudinal accelerations. The cost of such 
electronic and electro-hydraulic components is significant and, subsequent to testing of a similar 
prototype, BMW concluded that the system performance did not justify the additional expense 
incurred (Hillebrecht, Konik, Pfeil, Wallentowitz and Zieglmeier, 1992).
1.4.4. Fully  A ctive  Suspensions
The existence of fully active suspension systems can be traced back to 1961 (Hanna and Osbon, 
1961) where early test vehicles used a combination of mechanical sensors and analogue 
controllers in an attempt to influence the vibration modes of the sprung mass. However, it was 
not until the early 1980’s that fully active suspension systems became the subject of intense 
research effort. The availability of reliable sensing devices and electro-hydraulic servo 
components enabled Lotus to develop a Formula 1 system (Crolla and Sharp, 1989) for 
maintaining the constant road clearance necessary for exploiting aerodynamic ground effect. 
Shortly afterwards, the system was transferred to passenger cars for further prototype 
development.
Using technology borrowed from the aerospace industry, the conventional springs and dampers 
are replaced with fast acting double ended hydraulic cylinders controlled by high frequency 
servo-valves. System bandwidths of around 30 Hz (Milliken, 1988) are achieved for controlling 
modes of vibration for the sprung and unsprung masses and for isolating the vehicle body from 
road disturbances. In order to support the static weight of the sprung mass a coil spring is often 
placed in parallel with the active strut. Similar to the Lotus concept, a fully active system 
developed by Daimler-Benz incorporated a parallel oleo-pneumatic unit (Acker, Darenberg and 
Gall, 1989).
To achieve the required levels of control a vast amount of vehicle instrumentation is required. 
Typically, at each wheel station measurements will be taken for sprung and unsprung mass 
vertical accelerations, wheel to body velocity, cylinder pressures and suspension vertical load. In 
addition, measurements are taken for vehicle speed, steer angle and velocity, body lateral and 
longitudinal acceleration and yaw velocity. This data is processed by complex control algorithms 
combining the weighted requirements of sprung mass bounce, pitch, roll and warp mode control,
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together with the demands of unsprung mass vertical mode control (Milliken, 1988). Control is 
implemented through a sophisticated distributed network system.
Typically, fully active systems exhibit excellent improvements in vehicle handling but the 
transmission of high frequency road noise through to the sprung mass remains a serious problem, 
despite the addition of rubber bushes between the strut and body. Furthermore, following the 
testing of a Lotus system by the Volvo Car Company (Tillback and Brodd, 1989) it was 
concluded that passive suspensions give better isolation beyond 25 Hz and that most of the active 
system benefits existed within the frequency range^ 5  Hz, ie for sprung mass attitude control.
Another major drawback of fully active systems is their high power consumption. Not only must 
the system provide the energy conventionally dissipated by the dampers but also the energy that 
would otherwise be stored and returned by the spring (Kamopp, 1992). Consequently, power 
consumptions in the range of 3-5 kW, as experienced on a system implemented by Ford (Goran, 
Bachrach and Smith, 1992), are not uncommon.
The benefits offered by fully active systems, in their current state, are widely acknowledged as 
being far outweighed by their substantial cost, complexity and power requirements. 
Consequently, the use of low bandwidth systems working in parallel with passive elements for 
road isolation are viewed by many (Shuttlewood, Crolla, Sharp and Crawford, 1993) as the most 
likely candidates for widespread introduction into passenger cars.
1.4.5. Var ia ble  Leverage  System s
Variable leverage suspension systems represent a relatively new category of active suspension. 
All published systems have thus far been bandwidth limited, aiming to exercise control over 
sprung mass attitude with power consumptions akin to semi-active designs. Two systems have 
been presented to date; a variable coil spring leverage design by Pacejka (Delft Outlook, 1993) 
and a variable leaf spring system by Leighton (1994). Unfortunately, the Pacejka system uses 
large electrical stepper motors mounted to the suspension linkages which presents problems in 
terms of increased unsprung mass. Also, the Leighton system is based around transversely 
mounted leaf springs which seriously intrude into the vehicle body space.
Testing has revealed both systems to consume substantial power due to significant frictional 
effects, the Leighton system consuming approximately 1 kW during rough road testing (Leighton 
and Pullen, 1994). The Pacejka system also threatens to be costly, requiring four 11 Hz 
bandwidth stepper motors and additional hardware for an 80 volt supply (Venhovens, Van der 
Knaap and Pacejka, 1993). Interestingly, no experimental results have been presented by either of 
these research groups.
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1.4.6. Ac tive  Ro ll  Control
In recent years, subjective evaluations of various suspension designs have been conducted, such 
as those of Milliken (1988) and Acker et al (1989). Both of these sources suggest that vehicle 
passengers prefer a fla t ride in comparison to either positive or negative rolling systems.
In addition to the passenger perceived benefits of roll cancellation there are many advantages 
offered in terms of both ride and handling. Possibly most significantly, the suspension roll centres 
may be placed at road surface height thus presenting many handling benefits. These include the 
virtual elimination of wheel camber during suspension movement and the subsequent 
obsolescence of any roll steer requirement. In addition, track variation is minimised, jacking 
forces are abolished and lateral movement of the sprung mass CG is eliminated, thus reducing 
lateral load transfer and improving rollover stability. Also, the likelihood of encountering abrupt 
changes in handling characteristics due to bump stop intervention is much reduced due to an 
increased availability of suspension working space during cornering manoeuvres.
It is possible, as pointed out by Sharp and Pan (1993), to design a non-rolling passive suspension 
system by aligning the roll axis to pass through the sprung mass CG. However, the high roll 
centres involved inevitably result in poor handling characteristics. The use of an active system for 
reducing body roll therefore offers a convenient means for improving vehicle handling 
characteristics.
Several different roll control systems have been developed over the past thirty years, most of the 
differing designs being described in the patent survey of Wallentowitz and Konik (1991). Many 
of these are similar in that they are bandwidth limited devices working in parallel with existing 
passive suspension elements. During manoeuvres,- a controlled actuation system reacts to 
measured changes in vehicle loading and applies a torque to the anti-roll bars, thus generating an 
anti-roll moment to counteract the rolling moments of the suspension linkages.
The first active roll control patent was lodged by Daimler-Benz in Germany during 1961 (Scott, 
1992). A similar patent was lodged in the UK in 1962 by Mumford and subsequent rights of 
production sold to GKN. The design featured rotary hydraulic actuators mounted on each of the 
anti-roll bars with flow supplied by proportional directional control valves.
It should be noted that pre 1970’s such systems were barely realisable due to the unavailability of 
reliable sensing instruments and electro-hydraulic components. As early as 1968, active roll mode 
suspensions were being tested which utilised mechanical pendulum sensors and basic analogue 
controllers (Li, Meiry and Roeseler, 1968). In addition to the poor performance of these early
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systems, many designers were working under the false assumption that passengers preferred their 
vehicle to lean into bends, much like the action of a motorcycle.
The simulation study presented by Fichtel and Sachs (Lang and Walz, 1991) represents one of the 
first practical implementations of the modem roll control suspension system. The design is based 
around two anti-roll bar mounted rotary hydraulic actuators, supplied by two proportional 
directional control valves. Controller demand is taken from a laterally sensitive body mounted 
accelerometer and feedback is supplied by an actuator torque transducer.
The Fichtel and Sachs system was later implemented on a Renault Espace prototype by Sachs- 
Boge (Scott, 1992). Although the two valve hydraulic circuit remained unchanged the controller 
was updated to measure demand from a combination of steer angle, steer velocity and vehicle 
speed. Unfortunately, no experimental results have ever been published from this arrangement.
Other designers have opted for using linear actuators in the active anti-roll bars, such as the 
system developed by TLC Suspensions, USA (Arbor, 1991). This somewhat bizarre system 
comprises unequal area actuators connected in series with hydraulic flow taken directly from the 
power steering cylinder. Unfortunately, such a design would operate entirely independently of the 
applied body roll moment and series connection of the unequal area actuators would result in 
greatly differing handling characteristics for left and right turns.
Computer simulation has been used extensively to investigate other systems where a single 
directional control valve has been used to supply flow to the front and rear actuators in parallel 
(Sharp, 1994). This simplification represents a major saving in the cost of the active system. The 
widespread availability of simulation tools has also enabled the evaluation of suitable system 
controllers to be undertaken (Sharp and Pan, 1992) and for comparative studies between passive 
and potential active anti-roll suspension designs to be undertaken (Darling, Dorey and Ross- 
Martin, 1990).
The most recently publicised prototype roll control system is that of Citroen’s Xantia Activa. 
This system was first seen in the Activa and Activa 2 concept cars (Curtis, 1991) comprising two 
anti-roll bar mounted unequal area linear hydraulic actuators with control demand taken from a 
combination of vehicle speed and steering angle and velocity. More recent reviews of the Xantia 
Activa by Dymock (1994) and Hall (1994) have shown the inclusion of additional anti-roll 
correction valves and anti-roll oleo-pneumatic units, used for reducing roll stiffness during 
straight line driving. The suspension configuration of the Xantia Activa is that of active roll 
control working in conjunction with the previously described Hydractive system, thus offering a 
combination of roll control and switchable spring and damper rates.
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Although the Xantia Activa was officially launched in the UK in January 1996, to the best of the 
author’s knowledge no experimental test data has yet been published illustrating the performance 
of the final production system.
Finally, several researchers, such as Kamopp and Hess (1991), have suggested that the 
combination of low bandwidth active roll control with passive springing and semi-active damping 
may present an overall performance that is comparable or superior to that of fully active systems. 
Sharp and Hassan (1986) presented results from a study comparing the relative ride performances 
of passive, fully active and semi-active (dissipative) suspension systems. It was concluded that 
semi-active systems operating within a large suspension working space offered a performance 
comparable to the fully active counterpart. Use of a roll control system would make available 
such working spaces due to the elimination of body roll during cornering manoeuvres.
Bandwidth limited active roll control is thus presented as offering substantial benefits in terms of 
vehicle ride and handling performance, with much reduced cost, complexity and power 
requirement in comparison to many of the alternative active suspension systems developed to 
date.
1.5. RESEARCH OBJECTIVES
Briefly, the research objectives included investigating the fundamental aspects of roll control 
design, the development of mathematical models for use in active roll control vehicle simulation, 
implementation of a working prototype within an experimental test vehicle, evaluation of system 
performance through vehicle data acquisition and subsequent system refinement and optimisation 
through the use of simulation.
1.6. LAYOUT OF THE THESIS
Chapter 1 gives an introductory background on the development of vehicle suspension systems 
from the first passive designs to recent active suspensions. The arguments for adopting an active 
roll control suspension are given.
Vehicle modelling and simulation has formed a large part of this study. Chapter 2 gives an 
overview of the many modelling methods and simulation environments used by automotive 
researchers. An explanation of the BATHfp simulation package and associated vehicle models 
used throughout this study is given.
Chapter 3 presents discussion on the major points of consideration for active roll control design. 
The overall requirements of a roll control suspension are given together with their implications
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on system configuration. The test vehicle suspension layout is described and design solutions for 
the roll control system are presented.
In order to gain trust in the simulation results the basic passive vehicle was instrumented for 
testing. Chapter 4 describes the in-car instrumentation, data acquisition system, testing procedures 
and post processing techniques employed. Chapter 5 then presents the comparison between test and 
simulation results and concludes with successful validation of the simulation software.
Chapter 6 gives information regarding the additional models written for simulation of the proposed 
active system and the subsequent strategy for selecting components and refining performance. 
Chapter 7 then presents implementation of the active roll control system into the experimental test 
vehicle. Test results from both the vehicle and simulation are then presented and a performance 
evaluation of roll cancellation is made.
Chapter 8 presents a simulation based performance optimisation investigation. Sensitivity studies 
of variable parameters are given together with proposed methods for reducing system cost and 
power requirement through intelligent component specification selection. Finally, Chapter 9 
summarises the conclusions from all previous sections and suggests further areas for future 
research.
An appendix of parametric data from the simulation modelling is included. Full details of 
references made in each section are given at the back of the thesis. Figures appear at the end of 
each chapter in numerical order.
Finally, in order to alleviate the problems of boredom routinely encountered during the study of this 
thesis, some light entertainment has been included at the end of Chapter 1. Figure 1.1 shows a 
word-search puzzle, to be completed at your leisure. There are twenty-four answers in total and a 
cash prize will be awarded to the first completed puzzle returned to the author. Figure 1.2 depicts 
an act of gross irresponsibility. If you know who the people are, what they are doing and how they 
got there, then the author would very much like to hear from you. If you are unaware of the facts 
surrounding this incident then an explanation may be purchased for a mere £10. Let me assure you, 
it’s worth every penny.
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L A R D Y S E L 0 M R H 1 F S B T
K D T B S N C E A M G U L T G N H
S M 1 L E S E X H 1 B 1 T 1 0 N U
P B E G O N 1 0 N B H A J 1 K 1 N
S F G Q R T P B J T X P D Y G L D
1 F A H Z E K C U R F E W P F L E
R R S Q s V L T F K F V N P R A R
C S U H L S T A R O T w M 1 0 H B
F L A K K 1 T N E K C 11 H C G K 1
O A S 1 S G 1 N G D G M H 1 A R R
G R O B H T J 1 K L E D Q E N A D
A Q B V P J G Y R V G S D A J L T
B U M E N W O R C D N A E S 0 R W
H T U W L Y D D N T Q H U E S G O
Q R J H N L P K J M 1 Y K G H T c
H G O R 1 L L A S N 0 T Y U 0 C c
D H Y E M Y E R E W O T B J F L F
Figure 1.1 Word-search puzzle.
Figure 1.2 Exhibit A.
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2 .  V e h i c l e  M o d e l l i n g  a n d  S im u l a t io n
2.1. INTRODUCTION
Vehicle modelling and simulation methods have been developed to satisfy the demands for low 
cost feasibility analyses, model prototyping and design development. Without the availability of 
sophisticated computer based simulation software the classical approach of early prototyping and 
development through iterative design would prove far too time consuming and costly for many 
applications. The development of efficient modelling philosophies and their implementation into 
appropriate simulation environments has presented the engineer with a powerful tool for the 
design and development of new systems.
This chapter presents a review of some of the more popular modelling methods used by engineers 
in vehicle suspension design. An overview is also given of the more widely used simulation 
approaches and their suitability for suspension prototype development. Finally, conclusions are 
drawn as to the most appropriate combination of modelling philosophy and simulation technique 
for the development of the prototype roll control active suspension.
2.2. BACKGROUND TO VEHICLE MODELLING AND SIMULATION 
2.2.1. Basic  M odelling  Philoso phies
Chassis and suspension modelling has been undertaken with varying degrees of complexity for 
many decades, as reviewed by Bernard, Vanderploeg and Shannan (1987). The simple modelling 
approaches adopted by the first automotive engineers and suspension designers have rapidly 
become obsolete with the widespread use of powerful computing platforms and sophisticated 
simulation software. However, simple vehicle models still provide educational benefit, giving an 
insight into the basics of suspension design.
The representation of a vehicle mass, tyre and secondary suspension is seen most simply in the 
quarter car representation of Figure 2.1. This basic two degree of freedom model was the first to 
be used for investigating the effects of varying mass, stiffness and damping in vehicle suspension 
systems (Bastow, 1988). The simple nature of the model makes it ideal for manual analysis, 
hence its popular use before the age of digital simulation. Ultimately, however, its use is limited 
due to the drastic simplifying assumptions employed.
The need to model lateral and yaw dynamics has resulted in the development of linear single 
track models (Willumeit, Neculau, Vikas and Wohler, 1992). In such arrangements each axle of 
the vehicle is modelled as having a constant slip stiffness, the vertical degrees of freedom for
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both the sprang and unsprung masses being ignored. The model facilitates the investigation of 
lateral and yaw response to simple handling manoeuvres with varying slip stiffness and mass 
distributions. This type of model is most useful for the earlier stages of suspension design where 
understeer and oversteer effects are to be investigated.
If the effects of lateral load transfer are to be included then the left and right hand sides of the 
vehicle must be modelled separately. Commonly, some form of roll centre concept is also used 
within the modelling strategy. A distinction should be made here between the kinematic roll 
centre and the force roll centre, as described by Dixon (1987). Often, the sprang mass kinematic 
centre of rotation is assumed to be the point at which the linkage forces are applied whereas in 
reality this is untrue. The force roll centre concept takes into account the compliance of the tyres 
and suspension mounting bushes and the true point of force application along the lengths of the 
suspension linkages is thus located.
Early studies often assumed a fixed force roll centre for suspension linkage force application. 
However, this assumption is only valid if substantial changes in wheel displacement or roll angle 
are not encountered within the scope of the investigation. Possibly the first instance of a moving 
roll centre to be included within a vehicle model is that presented by Butler and Ellis (1972). It is 
now widely acknowledged that a moving roll centre model is essential if lateral, yaw and roll 
dynamics are to be modelled with any degree of accuracy. In particular, the work presented by 
Nalecz (1987) has shown that vertical and horizontal movement of the force roll centre during 
dynamic manoeuvres can have significant impact on the lateral directional stability of passenger 
vehicles.
For the application under consideration here it is essential for vehicle lateral and yaw dynamics to 
be accurately represented. The roll dynamics of the sprang mass are also of vital interest and so 
independent modelling of the front and rear force roll centres is essential. Since roll centre 
location is dependent upon the displacement of each unsprung mass relative to the vehicle body it 
is necessary to model the bounce, pitch and roll modes of the sprang mass together with the 
vertical dynamics of each unsprung mass. Also, if the effect of lateral load transfer on lateral and 
yaw response is to be accurately represented then non-linear tyre models must be employed at 
each wheel station. It is also desirable to include the effects of roll steer and camber change with 
varying ride height since large roll angles are likely to be encountered during these simulation 
studies.
Many computer based simulation environments which encompass the above requirements have 
been developed during the past fifteen years. The level of detail and corresponding degrees of 
complexity with which vehicles have been modelled varies enormously depending on the
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modelling philosophy of the package and the way in which descriptive vehicle data is handled. 
Some of these packages are reviewed in the following section.
2.2.2. V ehicle S im ulation  M ethods
Possibly the most widely used generic group of simulation environments found within the 
automotive industry is that of multi-body system (MBS) simulators, as reviewed by Sharp (1994). 
Although MBS simulators generally fall into one of two categories; numerical or symbolically 
based systems, both have in common the method with which multi-link dynamic systems are 
represented. The overall system is broken down into a series of individually modelled elements. 
For each element, parameters are provided describing three dimensional geometry, mass, inertias, 
centroid position, constraints and joint flexibilities. Differential equations are then automatically 
generated describing the motions of each of the modelled elements. MBS simulators are thus 
generally regarded as systems requiring high levels of user skill and a detailed physical 
knowledge of the system under observation.
The difference between numerical and symbolically based MBS systems lies in the way that 
component parameters are handled and dynamic analyses performed. Symbolic MBS simulators, 
such as AUTOSIM, SD/FAST, APPLIED MOTION, AUTOLEV, MESA-VERDE and 
NEWEUL, generate a set of differential equations which describe the system in general terms. 
The physical quantities of mass, inertia and geometry do not form a part of the generated 
subroutine codes but are stored separately such that they may be edited. Thus, the physical 
properties of the system may be varied without having to re-generate the system equations. 
Execution of the generated subroutines is performed with an external package, such as ACSL, as 
described by Holt (1994). Further simulation analysis, animation and controller development may 
be performed within a third environment such as MATLAB (1992).
Numerical MBS packages, such as ADAMS and DADS, are far more widely used within the 
automotive industry. Numerical MBS systems normally offer features for system definition, 
automated equation generation, simulation execution and results analysis, all within a single 
environment. The ADAMS simulation system, as described by Blundell (1993), has almost 
become an industry standard for the development of chassis and suspension systems and has, in 
some cases, been tailored for use by specific vehicle manufacturers; AMIGO by Audi, 
MOGESSA by VW and WOODS by Ford, UK.
There are, however, some limitations with MBS systems which become problematic during the 
development of complex, active suspension systems. MBS simulators do not generally lend 
themselves to modelling variable parameter elements such as switchable dampers or anti-roll
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actuation systems. Also, the need for including variable element control circuits within the 
simulation is generally not catered for. Work has been carried out in the past by Woolgar (1988) 
where the ADAMS package was modified to include such variable elements. This process did, 
however, involve manual adjustment of the simulation code and was far from ideal for general 
use.
In general, unless detailed analyses of final design solutions are required, MBS simulation is 
often found to be too time consuming, computer intensive and over complex. The detailed 
modelling of individual mass elements often requires geometric and inertial data which is simply 
not available during the early prototyping stages of design. Also, system models tend to possess 
large numbers of degrees of freedom, typically eighty or more for a vehicle suspension, which 
ultimately results in unacceptably long simulation run times. It has been suggested by Sharp 
(1991) that the number of degrees of freedom of any simulation model should be reduced to a 
bare minimum, and that the dynamic modelling of components should be replaced by 
instantaneous empirical representations if their frequency of response lies outside the bandwidth 
of interest. By following simplifying suggestions such as these, the dynamic order of the model 
may be drastically reduced and much of the geometric and inertial data made obsolete. These 
simplifying assumptions form the basis for many highly efficient hand coded simulation models.
EASY5 is one such package. The system under investigation is broken down into a series of 
components, each of which is modelled individually with manually derived differential equations 
of motion. A modular approach is thus adopted where, typically, a vehicle would be broken down 
into components for the sprung mass, engine, unsprung masses, tyres, suspensions, driver model, 
etc. The package performs automated linking of the component subroutines to form an executable 
simulation code. The manually generated equations permit simplifying assumptions to be 
implemented within the models, thus greatly reducing the number of degrees of freedom in 
comparison to MBS systems.
A study by Zeid and Chang (1991) illustrated the use of EASY5 by developing a 64 degree of 
freedom vehicle model. A similar packaged designed by Toyota was used by Mori, Matsushita, 
Yonekawa, Nagahara and Shimomura (1991) to develop a 20 degree of freedom vehicle model 
for investigating active suspension systems. In addition to the reduced order of the Toyota 
system, a significant increase in model efficiency was achieved through the use of a simplified 
tyre model. The empirically based Magic Formula model developed by Bakker, Nyborg and 
Pacejka (1987) is frequently used in MBS simulations (Holt, 1994) and relies heavily upon 
complex mathematical functions to generate values for tyre forces and moments. However, it is 
difficult to justify such complex modelling when tyre manufacturers have shown that 
experimental force values may vary by up to 20% depending on the road surface used (Dickison
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and Yardley, 1993). More simply, Mori et al chose to interpolate a multi-dimensional 
experimental data map and in doing so drastically reduced the overall complexity of the vehicle 
model.
Another approach which substantially improves the efficiency of vehicle simulation is the 
adoption of a simplified force roll centre location technique. With MBS systems the lateral force 
transmission from the unsprung mass to the vehicle body is ascertained by considering the forces 
and deflections of each individual suspension element. A more straightforward method is 
described by Butler and Ellis (1972) where suspension geometry measurement (SGM) tests are 
performed on a vehicle test rig, enabling the relationship between wheel track variation and 
suspension ride height deflection to be established. The force roll centre is located by calculating 
the intersection point of lines perpendicular to the instantaneous wheel paths, as shown in 
Figure 2.2.
This approach has been adopted by many model writers including Dickison and Yardley of Lotus 
Engineering, UK (1993) and Tandy, Heydinger, Chrstos and Guenther of Ohio State University, 
USA (1992), where a 13 degree of freedom lumped parameter model was used for parameter 
sensitivity analyses. Similarly, in recent years, a 14 degree of freedom vehicle model has been 
developed at the University of Bath, UK by Ross-Martin (Ross-Martin, Darling and Woolgar,
1992) running under the BATH#? simulation environment. It was this simulation system which 




BATH#? has been developed at the University of Bath over a number of years (Richards, 1990), 
primarily for the dynamic simulation of hydraulic circuits. To this end the package includes an 
extensive library of hydraulic components such as pumps, valves, actuators, motors and pipes. 
Each component is mathematically modelled using differential equations from within individual 
FORTRAN subroutines. Once a simulation circuit has been constructed, an executable macro 
program is automatically generated and compiled from which the individual model subroutines 
are called. During simulation execution a version of the LSODA algorithm (Petzold, 1990) is 
used to automatically select between the Gear or Adams integration methods, depending on 
which is the most efficient for the mathematical stiffness of the system. The standard LSODA 
algorithm has been specially modified to include the efficient handling of system discontinuities.
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More recently, a suite of vehicle ride and handling models has been developed by Ross-Martin 
(1994) for studying vehicle dynamic behaviour. As with the hydraulic modelling, the vehicle 
system is broken down into individual sub-components including the sprung mass, tyres, 
unsprung masses, suspension elements and driver controllers. Each of these components are 
described in the following sections. The parameters used for each of the simulation models are 
given in Appendix A, ‘Simulation Parametric Data’.
2.3.2. V ehicle  Body Model
The vehicle body model (CA03) accounts for lateral, longitudinal, bounce, roll, pitch and yaw 
degrees of freedom for the sprung mass, with an assumption that the body is perfectly 
symmetrical and rigid. Accelerations are calculated by considering the forces acting on the body. 
Vertical, lateral and longitudinal accelerations are obtained by considering forces acting on the 
mass of the vehicle body, roll and pitch accelerations are calculated by considering the roll and 
yaw inertias of the sprung mass, respectively, and yaw acceleration is calculated by considering 
the yaw inertia of the vehicle as a whole. These accelerations are then integrated once to yield 
velocities, and a second time to give displacements.
Secondary suspension vertical forces (ie from springs, dampers and anti-roll bars) are assumed to 
be applied at fixed eyebrow reference points, located directly above each wheel station. Anti­
pitch and anti-dive suspension geometries are accounted for such that longitudinal tyre forces are 
resolved into appropriate horizontal and vertical components and applied at each wheel station. 
This is achieved by resolving polynomial functions describing the instantaneous wheel paths in 
the vehicle XY plane.
Similarly, tyre lateral forces are applied to the vehicle body at the instantaneous force roll centre 
positions. These are calculated separately at the front and rear axles by considering the 
intersection of lines perpendicular to the tangents to the instantaneous tyre paths, as previously 
descried and illustrated in Figure 2.2. The tyre paths functions are stored as polynomial fits to test 
data, with tyre lateral movement given as a function of suspension ride height. Lateral load 
transfer effects are thus fully accounted for.
Aerodynamic drag is represented by a speed dependant force, applied to the vehicle body in the 
opposite direction of instantaneous vehicle motion in the XY plane. Addition external loads may 
be applied in the form of a pure lateral force and a yaw moment.
The vehicle body model is also responsible for passing values of slip and camber angles to the 
tyre models. Tyre camber angle is stored as a polynomial function of ride height, as is toe angle. 
In addition, suspension compliance is accounted for by considering changes in toe angle as
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polynomial functions of longitudinal and lateral force at each wheel Slip angles are finally 
calculated by considering the difference between total toe angle of each wheel and the 
instantaneous direction of vehicle travel in the XY plane.
2.3.3. Unsprung Mass M o d e l
The unsprung mass models (CA26) account for both vertical and rotational degrees of freedom. 
For vertical motion, the tyre normal load, secondary suspension vertical forces and suspension 
linkage forces are considered to act on the unsprung mass to give vertical acceleration. This is 
then integrated twice to yield vertical velocity and displacement. The drive/brake torques from 
the tyres and drive shafts are considered to act upon the rotational inertia of the unsprung mass to 
give angular acceleration and thence velocity via integration.
2.3.4. S econdary  S uspension  Model
The secondary suspension model (CA11) evaluates spring, damper and anti-roll bar forces, 
passing them to the spmng and unsprung mass models. Spring rates are stored as polynomial 
functions describing force with varying ride height. Similarly, damper rates are stored polynomial 
functions describing force with varying damper velocity. Two separate rates are used for damper 
compression and extension. Anti-roll bars are modelled as a polynomial function describing 
wheel force with varying suspension roll angle.
2.3.5. T y re  M odels
The tyre model used (CA33) was similar to that used by Mori et al in that a multi-dimensional 
array of manufacturers data for varying vertical load, camber, slip angle and longitudinal slip is 
interpolated to yield steady state values for lateral force, and self aligning torque. A simple arctan 
function is used for evaluating longitudinal force. The lateral and longitudinal forces are 
combined to give the overall force vector. The direction of this vector is then used in conjunction 
with a frictional ellipse to limit the resulting components of tyre force in the lateral and 
longitudinal components (Ross-Martin, 1990).
A more complex Magic Formula model, as developed by Bakker, Pacejka and Linder (1989), has 
also been implemented into the simulation package (Hickson, 1993). However, the benefits of a 
marginal improvement in simulation results was found to be far outweighed by the additional 
processing time imposed by the model.
It is interesting that a new Magic Formula model has since been developed (Pacejka and Bakker,
1993) which negates some of the unnecessary complexities of the preceding versions. Other 
researchers have gone to extraordinary lengths in order to accurately reproduce the behaviour of
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vehicle tyres. Tomaske (1990) resorted to including a fully functioning dynamic tyre test rig 
within his simulation system in an attempt to avoid the problems of tyre modelling.
2.3.6. Driver  Controller  Models
Several driver controller models are available within the BATH#? environment. The most basic 
model (DRIV1), passes direct inputs of steer angle, driving torque and braking torque directly to 
the vehicle body model. A closed loop steer pad controller (DRTV2) is used to maintain the 
vehicle on a constant radius turn while driving and braking torques are applied. This is achieved 
by considering the radial path error of a point at some user defined distance in front of the 
vehicle. The error is passed through PID gains and used to control steer angle.
Each of the icons associated with the vehicle components discussed are shown in Figures 2.3-2.7. 
A fully constructed passive vehicle simulation circuit is shown in Figure 2.8.
2.3.7. Validation  of  the  V ehicle Dynam ics  Models
The BATH#? vehicle models have been used for several studies in the past and full validation has 
been performed for steady state, dynamic and frequency domain testing, as recommended by 
Heydinger, Garrot, Chrstos and Guenther (1990). Past studies have included modelling and 
simulation validation against test data from a Ford Sierra (Ross-Martin, 1990), a Rover Metro 
(Rosam, 1995) and a passenger car-caravan combination (Fratila, 1994). The reliability of the 
vehicle dynamics models is therefore well established.
The BATH#? simulation package thus presents a single environment under which vehicles, 
control elements and hydraulic components may be simulated in the time domain (Hickson, Ross- 
Martin and Darling, 1994). Of particular benefit is the ability for vehicle and hydraulic 
components to interact with each other during the simulation of active suspension systems. In the 
past, a major shortfall of many vehicle suspension modelling approaches has been the 
simplification, and sometimes total exclusion (Thompson, 1971), of important dynamic hydraulic 
modelling.
BATH#? also contains linear analysis tools (Tilley, 1995) enabling the state space representation 
of simulated systems at user defined operating points. Automatically generated state space 
matrices can subsequently be exported to external packages, such as MATLAB, for frequency 
domain analysis and controller development. BATH#? is thus viewed as being ideal for the design 
and development of vehicle active suspension systems.
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2.4. CONCLUSIONS
During the past twenty years many different modelling approaches have been adopted by 
automotive engineers for the analysis of vehicle ride and handling dynamics. These have ranged 
from the most basic two degree of freedom models to highly complex eighty degree of freedom 
vehicle representations. Whereas the former method has become all but obsolete due to the 
availability of powerful computing facilities, the latter presents its own limitations in terms of 
flexibility and ease of use. All too often, complex MBS simulation techniques prove 
inappropriate for the development of new systems due to the large amounts of system data 
required, the absence of a means for simple parameter variation and the high degree of user skill 
required to operate the software. Perhaps most importantly of all, due to the high levels of 
complexity with which the system is represented, it can be difficult for the engineer to fully 
interpret simulation results and apply his practical knowledge of vehicle dynamics for developing 
the system.
An alternative approach is to implement simplifying assumptions wherever possible and reduce 
the data requirement of the model to a bare minimum. This philosophy has been adopted with 
many hand coded simulation models resulting in drastically reduced system orders and hence far 
more efficient simulation run times. Parameters are easily varied by the user thus permitting 
development studies and sensitivity analyses.
One such system, BATH#?, has been chosen for the development of an active roll control 
suspension system. The fourteen degree of freedom vehicle model has been used extensively in 
the past and has been validated against test data from passive vehicles and car-caravan 
combinations. The availability of a wide range of hydraulic and control circuit elements makes it 
ideal for the development of an active suspension system.
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Figure 2.2 Instantaneous force roll centre location.
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Figure 2.3 Iconic representation of a vehicle sprung mass.
Figure 2.4 Iconic representation of vehicle Figure 2.5 Iconic representation o f vehicle tyre, 
unsprung mass.
9STEER
Figure 2.6 Iconic representation of a passive Figure 2.7 Iconic representation o f a driver 
suspension system. controller model.
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Figure 2.8 Full simulation circuit for a passively suspended vehicle.
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3 . A c t iv e  R o l l  C o n t r o l  D e s ig n
3.1. INTRODUCTION
The work contained within this chapter concentrates on the basic principles of active roll control
suspension design. In the early stages of prototype development it is necessary to consider the 
many implications that design decisions will bare upon system operation. This chapter 
investigates the many options available for system design such that performance may be 
optimised.
An overview of the system requirements is presented following which several decisions are made 
regarding the choice of active components. A detailed description of the test vehicles existing 
suspension layout is given and then a number of alternative designs for the active installations are 
proposed. A basic component layout is presented and methods for system control are discussed.
3.2. ACTIVE ROLL CONTROL REQUIREMENTS
To arrive at a preliminary design which was suitable for research and development it was first 
necessary to examine the requirements of the intended system. A study was undertaken where 
these requirements were individually investigated so that their design implications could be 
realised. By looking at each requirement in turn it was possible to rale out some design solutions 
and finally converge upon a suitable system. The system requirements are discussed below.
(i) Counteract manoeuvre induced body roll moments.
Manoeuvre induced body roll arises from the transfer of lateral forces from the tyres to the 
vehicle body via the suspension linkages. Figure 3.1 illustrates the tyre and linkage forces at one 
of the axles during cornering. Using the force roll centre concept (Dixon, 1987) the tyre lateral 
forces Ftyj and F ^  are transmitted from the contact patch centres along the linkages (or virtual 
linkages) to the force roll centre (RC) as forces Fu and Fi2. The linkage forces may be split into 
horizontal and vertical components to give F[y and Ftz. The suspension linkage roll moment, Mh is 
thus given by;
This moment, together with an additional moment due to the lateral offset, a, between the roll 
centre and sprang mass CG, is reacted by the secondary suspension elements (ie springs, dampers 
and anti-roll bars). The suspension roll moment, Msusp, is given by;
(3.1)
M susP = - M i + m s S - a (3.2)
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a-hsm<p  (3.3)
If the suspension linkage roll moment is fully reacted by an anti-roll device then there will be no 
roll angle, 0, and therefore no roll moment due to lateral movement of the sprung mass CG. 
Hence it is the linkage roll moment of Equation 3.1 that must be generated by the active anti-roll 
device.
In order to establish the maximum anti-roll moments required from the system it was necessary to 
consider the levels of lateral acceleration likely to be encountered during journeys. A study by 
Lechner and Perrin (1993) showed that everyday lateral acceleration levels rarely exceed 0.3g 
and that 0.5g-0.6g can be achieved with “a certain amount of practice”. Typically, family sized 
passenger vehicles exhibit a limit steady state lateral acceleration of around 0.8g. Consequently, 
it was concluded that all suspension roll should be cancelled up to a lateral acceleration level of 
0.5g since this would encompass virtually all of everyday loading conditions. Beyond 0.5g the 
suspension would start to roll; the final angle at 0.8g being much reduced in comparison to that of 
the equivalent passive car.
(ii) Create minimum disruption to other vehicle components.
In order to create a minimum amount of disruption to the vehicle it was desirable to make the 
anti-roll system as small and compact as possible. This has implications for all of the components 
under consideration; pumps, motors, valves, actuators, piping and transducers. If an electrical 
actuation system were to be used then the motors may be relatively large, as found by 
Venhovens, Van Der Knaap and Pacejka (1993). Conversely, a hydraulic system could be small, 
especially if high supply pressures are used. Small actuators would require small flow rates and 
therefore a small control valve would suffice. Also, it may be unnecessary to fit an additional 
pump if one is already available for power steering. A hydraulic system was thus favoured in 
comparison with an equivalent electrical configuration.
(iii) Low production cost.
Of the many active suspensions developed in recent years, high cost has often been one of the key 
criticisms. If an active suspension system is to be fitted to passenger vehicles which fall within 
the price range of £15-25,000 then the additional cost incurred should ideally should not exceed 
approximately £1000. Cost must therefore be minimised and this has several implications on the 
design: A multi-valve system should be strongly avoided since valves represent a substantial 
proportion of the total cost; a single valve system is ideal. Also, linear hydraulic actuators are 
preferable to rotary actuators in terms of production cost, maintenance costs and efficiency of 
operation (due to the difference in parasitic flow losses).
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(iv) Have sufficient speed o f response.
In order for roll to be successfully cancelled during dynamic manoeuvres it is necessary for the 
actuation system to have a suitably high bandwidth. The minimum bandwidth requirement can be 
established from simulation and is more closely investigated in later sections, but at this stage an 
overview is necessary. Firstly there is the affect of the control valve bandwidth. The relationship 
between the electrical valve demand signal, R , and internal spool displacement, X, can be 
approximated by a second order transfer function:
The natural frequency of the valve, (On, has a strong impact on the overall actuation system
but this can become expensive.
The flow gain through the valve is also important. Flow, Q, can be described as a function of 
valve opening;
where D is the valve spool diameter and AP is the pressure drop across the valve. For a given 
valve opening, X, greater flow would be achieved if D and AP are both maximised. However, a 
large spool diameter would imply a physically large valve and maybe poorer dynamic 
performance. In addition, supply pressure should remain in the region of 100 bar if compatibility 
with power steering systems (Hoboum-Eaton Ltd., 1995) is to be maintained.
The volume of the system piping should also be minimised in order to aid overall bandwidth. The 
rate of change of pressure through a length of piping is dependent upon the net flow into the pipe, 
Q, the fluid bulk modulus, B, and the volume of fluid within the pipe, V, as described by
For a rapid pressure response it is desirable to minimise the volume of fluid within the pipes, but 
if too small a pipe bore diameter is used then a substantial pressure drop may occur. This subject 
area is investigated more thoroughly in a later section.
Finally, the speed of actuator response will be dependent upon the actuator diameter and stroke 
length. In terms of actuator velocity for a given flow rate, a small diameter is desirable. However,
Y - n l
R s2 + 2£a>ns + co2n
(3.4)
bandwidth and so a high frequency of operation is desirable in terms of rapid dynamic response,
(3.5)
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a small diameter has implications on the actuator force available for a given supply pressure. 
Ignoring actuator back-pressure, actuator force, Fact, is dependent upon cylinder diameter, D, and 
supply pressure, P, as given by:
The actuator must be capable of generating a given anti-roll moment, Marc, through a mechanical 
linkage lever ratio, R, such that;
Hence for a given supply pressure, P, and a required anti-roll moment, Marc* if actuator diameter 
is reduced then the reduction ratio, R, must be increased. This in turn means that, for a given anti- 
roll bar stiffness, a longer stroke will be required from the actuator in order to generate the 
necessary anti-roll moment and consequently response time may be compromised. Thus, there is 
a balance to be found in selecting actuator diameter, stroke length, linkage lever ratio and anti- 
roll bar stiffness. This compromise leads to substantial effort in the detailed design stages.
(v) Operate with a safe handling characteristic.
When the tyres of a vehicle generate lateral forces due to manoeuvring or aerodynamic loading, 
slip angles are generated at the front and rear axles. The magnitude of these slip angles will vary 
depending on the vertical loading, slip stiffness and camber angles of the tyres. Situations thus 
arise where the slip angles of the front axle tyres differ from those of the rear axle. If the front 
axle has a larger slip angle than the rear then vehicle will understeer, ie the driver must increase 
the steer angle in order to correct for the slip difference. If the rear axle has a larger slip angle 
than the front then oversteer occurs where the driver must reduce the steer angle in order to 
prevent the vehicle from turning more tightly into the bend. Under limit handling conditions an 
oversteering vehicle may experience spinout and possibly rollover due to saturation of the rear 
axle as illustrated by Wade-Allen, Szostak, Rosenthal, Klyde and Owens (1991). It is therefore 
generally accepted that a slight understeer characteristic is desirable.
An active roll control suspension influences the handling characteristic by virtue of its lateral 
load transfer distribution (LLTD). That is to say, the way in which the system proportions the
7 7  _  M a r c
=  — - —act (3.8)
So by combining Equations 3.7 and 3.8;
(3.9)
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total anti-roll moment between the front and rear axles. High lateral load transfer (LLT) at an 
axle will reduce the slip stiffness of that axle due to the non-linear characteristics of the tyres. 
Figure 3.2 shows how the slip stiffness versus vertical load gradient decreases as vertical load 
becomes larger. This implies that the greater the lateral load transfer on an axle, the smaller its 
overall slip stiffness will be:
Generally, if an active roll control system proportions most of the anti-roll moment at the front of 
the vehicle then understeer will ensue. Conversely, a rearward biased LLTD would result in 
oversteer. In many ways an active roll control system with a LLTD similar to that of the 
equivalent non-active vehicle is ideal, since should the active system fail during operation there 
would be no drastic change in handling characteristic.
(vi) Maintain a set handling characteristic throughout the range o f  operation.
Having established a handling characteristic and therefore a desired active LLTD, it is important 
to ensure that the active system maintains a constant LLTD throughout the range of its operation. 
Assuming that the system is to consist of two linear actuators, connected in parallel to the same 
proportional control valve, there are implications on the actuator dimensions if LLTD is to be 
kept constant. Figure 3.3 shows the two actuators connected to the same pressure sources with 
external forces Fj and F2 acting upon them. If Fj and F2 are to remain proportional for a set 
LLTD then it is a requirement that;
Fl =kF2 (3.10)
where k represents the product of LLTD and the active anti-roll bar linkage gear ratio 
distribution. To understand the implications this has on actuator areas the actuator forces are first 
derived:
PlApl- P 1Ar^ F i (3.11)
P,Ap2- P 2Ar2 = F2 (3.12)
Equations 3.11 and 3.12 may be rewritten after dividing through by Arl and A r2, respectively:
p i i i - R = - 5 -  (3.13)
4,1 Arl
Pl - ^ - - P 2 = ^ -  (3.14)
4 ,2  4 ,2
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In order that F} and F2 remain in proportion it is suggested that the following actuator area 
relationship must be obeyed:
= C (3.15)
An
This may be rewritten in another form:
A .
= D (3.16)
A r2 A p2
Substituting the assumption of Equation 3.15 into Equations 3.13 and 3.14 gives the following:
P,C-P2 = 4 ~  (3.17)
A r\
Pxc - P 2 = -S -  (3.18)
A r2
These may be equated to give;
J L =J L
A rl A r2
(3.19)
which in turn may be rearranged to give:
A l = A
A t 2 ^ 2
(3.20)
This may now be referred back to Equation 3.16 where it is then seen that the requirement of 
Equation 3.10 has now been satisfied:
—  = D = k (3.21)
Fr 2
Hence, by making use of the actuator area relationship of Equation 3.15 it is possible to maintain 
a constant LLTD from the active system throughout its range of operation.
(vii) Provide minimal additional stiffness to single wheel bounce rate.
Ideally, the active system should enable a lower secondary suspension spring rate to be used. One 
of the key requirements of a passive suspension is to minimise body roll during manoeuvres. 
With an active system fitted this task is no longer required from the passive elements and so
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softer springs and dampers may be used. However, for the experimental test vehicle under
consideration here there were no plans to alter the passive suspension components due to
limitations in available time and expense. Great care was therefore exercised so as not to
radically increase the single wheel bounce rates of the passive suspension.
A low wheel stiffness can be achieved through a combination of low anti-roll bar (ARB) torsional 
stiffness and a low wheel movement to ARB twist ratio. It should be noted that if either or both 
of these parameters become too low then unacceptably long actuator strokes are needed. This 
could have an adverse effect upon dynamic response.
(viii) Require low power consumption.
A common criticism of many active suspension systems is their relatively high level of power 
consumption. If a system is to be economically viable then power consumption must be 
minimised and this should be considered during the early stages of design. The implications of 
minimising power are best illustrated by examining the system dynamics. Figure 3.4 shows the 
forces and mechanical motions of a single axle ARC system. The amount of energy consumed in 
displacing an actuator is given by the product of supply pressure and change of actuator volume:
E - P '  Ax (3.22)
In order that this expression may be expanded, two constants are defined for the mechanical 
gearing ratios between the actuator and anti-roll bar, and the anti-roll bar and vehicle body:
C, = ^ L  = -  (3.23)
1 T x
C2 = - ^ —  (3.24)
Marc
Neglecting the actuator rod end back-pressure the anti-roll bar torsional stiffness and actuator 
force are defined as:
k = -  (3.25)
0
Faa = P A  (3.26)
Equations 3.23, 3.24 and 3.25 are combined to give an expression for actuator displacement;
M  Atrr'C'
X  =-  ^ARC^1_ (3.27)
kC x
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and Equations 3.23,3.24 and 3.26 are combined to give supply pressure;
2 (3.28)
A
Equations 3.27 and 3.28 are now substituted back into Equation 3.22 to give the final expression 
for energy consumption:
It is seen that energy consumption, E, is reduced following an increase in the ARB stiffness, k, or 
a decrease in the gear ratio, C2. In either case, by increasing k or decreasing C2, the roll stiffness 
of the passive vehicle is increased. There is then a compromise in choosing the stiffness of the 
system since low stiffness will benefit ride but be costly in terms of power consumption.
For a mass produced system the existence of active anti-roll suspension elements would be 
considered from the very first stages of vehicle design. The accommodation of these components 
would be relatively straightforward since dedicated mounting points and lever mechanisms would 
be incorporated into the overall suspension design. However, since total redesign of the 
suspension system did not fall within the scope of this study, the system was designed to fit in 
and around the existing vehicle components. A description of the existing suspension layout is 
presented.
3.3.1. Front  S uspension
Figures 3.5 and 3.6 show views of the Fiesta front suspension in three dimensions and in plan. 
The construction is based around a MacPherson strut assembly making it similar in design to 
many small production cars. The vertically mounted spring-damper arrangement is linked to a 
short swing arm member which reacts the lateral loading of the front wheels. A steel tie rod is 
rigidly attached to the hub end of the swing arm and protrudes forward to connect with the 
vehicle chassis via a flexible rubber bush. The tie rods react fore and aft suspension loading and 
are kinked along their length for reduced longitudinal stiffness. The steering is a basic rack and 
pinion design, the rack being connected to the hub steering arms via pivoted tie rods. Drive shafts 
from the gear box are routed above and forward of the swing arms and attached directly to the 




3.3. TEST VEHICLE SUSPENSION LAYOUT
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3.3.2. Rear  S uspension
The rear suspension of the Fiesta is shown in Figures 3.7 and 3.8. It is a non-independent dead 
rigid axle arrangement, the springs being attached directly onto the axle at one end and fixed to 
the underside of the vehicle at the other. Dampers are positioned closer to the ends of the axle 
and extend vertically upwards to be fixed into the wheel arches. Longitudinal location is provided 
by two pivoted trailing arms attached to the body underside and axle end assemblies. Lateral 
location comes from a Panhard rod which is fixed at one end to the dead axle and at the other end 
to the vehicle underside. Axle wind-up is reacted by small rigid arms attached to the lower ends 
of the dampers. An anti-roll bar is fitted within rubber bushes towards the rear of the axle with 
end arms cranked forward and attached to the axle via vertical drop links.
3.4. ANTI-ROLL INSTALLATION SOLUTIONS
Having considered the requirements of the system and the layout of the existing suspension 
components, it was possible to put forward a number of design solutions for the active anti-roll 
system.
3.4.1. F ront  An ti-R oll M echanism  - D esign  #1
The major vehicle components encountered in designing the front anti-roll mechanism are shown 
in Figure 3.9. The first design proposal for the front mechanism is shown in Figure 3.10. The 
anti-roll bar is situated to the rear of the axles, the transverse section passing below the main 
chassis members and above the exhaust system. The bar would be located by rubber bushes 
attached to the body underside with a single ended linear actuator forming one of the drop links 
between the bar end and the suspension swing arm. The main points of note for this proposal are:
S  There is little disruption to existing components.
S  Firm fixing locations are available for mounting the bar to the body underside.
* There is no straight and clear path for the transverse length of the bar. This would require 
fabricating a complex bar shape to avoid component interference.
* Interference problems could be expected between the drop links and the steering mechanism.
3.4.2. Front An ti-R o ll  M echanism  - Design  #2
The second design proposal for the front mechanism is shown in Figure 3.11. Here, the transverse 
section of the anti-roll bar is mounted to the bulkhead separating the passenger space from the 
engine compartment. The ends of the bar protrude through holes in the wheel arch sides and short 
crank arms join them to the suspension swing arms via drop links, one of which is a single ended 
linear actuator. The key points of interest are:
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S  There is a straight and clear path for the transverse section of the bar.
S  Secure bush mounting is available from the bulkhead.
S  The required holes in the wheel arch sides already exist for accommodation of the steering 
components.
* The transverse length emerges almost directly above the axles, thus only very short swing arm 
lengths are possible. This places constraints on the design.
* Possible interference from the moving steering elements places further restrictions on the anti- 
roll bar geometry.
3.4.3. F ro n t A n ti-R o ll Mechanism - Design #3
The third and final proposal for the front mechanism is illustrated in Figure 3.12. The bar is 
mounted forward of the axles, the end levers being cranked backwards. The transverse section is
mounted within bushes fixed to the chassis section running across the front of the vehicle. A
vertical drop link and linear actuator connect the bar ends to the suspension tie rods.
S  There is a clear and straight path for the transverse section.
S  Solid mounting is available from the front chassis member.
S  There is no interference with the steering mechanism.
S  There is little restraint on the mechanism geometry.
* The existing suspension tie rods are not ideally suited to bending loads.
3.4.4. Rear An ti-R oll  M echanism  - Design  #1
The first design considered for the rear mechanism was closely based on the front axle solution; a 
single ended linear actuator would replace one of the existing drop links. However, Figures 3.7 
and 3.8 illustrate how there is very little space available at the anti-roll bar ends. Even for the 
passive suspension it was necessary to use thin plate drop links to locate the anti-roll bar ends 
between the damper brackets and the hub assemblies. No plausible design was found where a 
vertical drop link could be replaced by an actuator and at the same time cause little disturbance to 
the existing components.
3.4.5. Rear  An ti-R o ll  M echanism  - D esign  #2
The problem of space limitation near the wheel hubs was overcome through a compromise 
design, Figure 3.13, where the actuator is located midway along the anti-roll bar. The bar is split 
at its centre and two crank arms are formed. A single ended actuator is then mounted beneath the
cranks such that extension and retraction will twist the bar. The drop links connecting the bar to
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the wheel hubs remain identical to those of the passive vehicle. The design is summarised as 
follows:
S  There is an uninterrupted path for the anti-roll bar.
S  The vehicle underside is easily accessible for mounting brackets.
✓ Use can be made of the existing drop links and axle mounts.
* The actuator mounting arrangement is relatively complex.
* The position of the actuator reduces axle ground clearance.
3.5. ANCILLARY INSTALLATIONS
The completed proposed system including all ancillary items is shown in Figure 3.14. The 
additional components include the pump, valve block and reservoir. The sponsors of the project, 
Vickers Systems Ltd., were to supply a pressure compensated axial piston pump and a single 
stage open loop proportional directional control valve. Although these particular components 
would be far too costly for any final production version, they provided an adequate means for 
investigating the feasibility of an active roll control suspension system. Other components, such 
as relief valves, filters and instrumentation would be mounted alongside the control valve.
3.5.1. System Pump
The most economical means for driving a system pump was via the engine belt pulley system.
Pulley drives already existed for the oil pump and alternator and additional space was available
near the front of the engine for mounting a belt-driven pump. This location was taken to be 
appropriate provided that a heat shield was fitted between the pump and engine exhaust manifold.
3.5.2. V a lv e  B lo c k
The valve block assembly comprised the following components; a single proportional directional 
control valve, an oil filter, pressure relief valve, pressure gauge and two solenoid operated bypass 
valves. The inclusion of the bypass valves permitted disengagement of the active system, thus 
enabling comparative evaluation of passive and active suspensions. It was thought best to group 
these components into a single unit so as to minimise the number of mounting fixtures required. 
A mounting space was created at the front left-hand side of the engine bay by relocating the 
battery at the rear of the vehicle.
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3.5.3. R eservoir
The system reservoir was mounted in as high a location as possible in order to create some 
pressure head for the pump inlet. A location was chosen at the rear of the engine, high up on the 
bulkhead.
3.6. BASIC CONTROL STRATEGIES
Several methods are available for controlling the active suspension system, one of which must be 
selected for the prototype vehicle. To help with the selection process the tasks of the controller 
were carefully considered in terms of available demand and feedback sources. Overall, the task 
presented to the system is to react rapidly manoeuvre induced suspension linkage roll moments 
with equal and opposite active anti-roll moments.
3.6.1. Dem and
Suspension roll moments are generated from the lateral (y) component of tyre forces which are 
transmitted to the vehicle body via the suspension linkages. Ideally the suspension linkage forces 
would be measured to provide the demand signal for the controller. However, the inclusion of 
load measuring devices into the linkages would be difficult to achieve and the signals may be 
susceptible to interference from road noise. The tyre lateral forces also result in lateral and yaw 
accelerations of the vehicle body. In contrast to the suspension linkage forces, these quantities are 
straightforward to measure through use of simple accelerometers and have the added benefit of 
isolation from road noise due to the action of the passive suspension components.
Vehicle speed, steer angle and steer velocity can also be used to approximate body lateral and 
yaw accelerations. Measurement of these values thus represents an alternative method for 
calculating the suspension roll moment. Measurement of speed and steering quantities has the 
added advantage of giving a degree of feed-forward in comparison to direct acceleration 
measurement. This comes about due to the lag imposed on acceleration response due to the action 
of the tyres. However, the prediction of tyre forces from speed and steering information is 
susceptible to significant degrees of error. In addition to the variations expected due to changes in 
pressure, temperature and wear, Dickison and Yardley (1993) stated that, according to tests, force 
variations of up to 20% could be expected due to differing road surface materials alone.
Several points were considered when choosing between these two different control methods. The 
acceleration measurement method is the simplest solution since, by placing the measurement 
device at some longitudinal offset from the vehicle CG, a single signal can be measured which 
comprises components of both lateral and yaw acceleration. The speed and steering based
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estimation method, although providing some feed-forward, would be prone to error since the roll 
moment generated at a given speed and steering condition would be dependent upon various tyre 
and road properties.
It was decided that the measurement of body lateral and yaw acceleration would provide the 
simplest and most reliable source for a control system demand signal.
3.6.2. Feedback
The purpose of the active system is to supply a desired anti-roll moment to the vehicle body. 
Ideally this active anti-roll moment would be measured directly and used for the controller 
feedback, but again this is not straightforward. Several methods of approximation are available, 
the first of which is to measure the pressure difference across the actuators and then convert to 
actuator load and subsequently anti-roll moment. In terms of instrumentation this method is 
simple as a single pressure transducer is all that is needed. However, such a pressure reading may 
be prone to interference due to road excitation and dynamic effects. It is the steady state pressure 
that is required from the transducer since this gives an indication of the anti-roll bar moment. 
However, if the actuation system is accelerating then a dynamic force component, and hence 
pressure, will be present due to the mass of the anti-roll system. This may give a misleading 
indication of applied anti-roll moment.
One method which avoids this problem is the measurement of actuator displacement. A simple 
function relates displacement of the actuator to anti-roll moment, depending on the kinematics of 
the mechanism, thus providing an appropriate form of system feedback. A single displacement 
transducer mounted on either of the actuators would provide sufficient measurement and also be 
of low cost. This latter method was thus favoured.
3.7. CONCLUSIONS
A thorough review of the functions required from an active roll control suspension has been 
presented. Each of the major tasks has been considered in detail and the implications which the 
requirements place upon system design have been realised.
For reasons of cost, size, force requirement and dynamic response, a hydraulically based 
actuation system was selected. It was noted that since other hydraulic systems already exist 
within the vehicle (such as power steering and automatic transmission) there may be scope for the 
integration of hydraulic supplies. With this in mind, supply pressures similar to those used by 
power steering systems were considered.
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In order to minimise overall cost, single ended linear hydraulic actuators were selected, one 
mounted to each of the active anti-roll bars. The actuators are to be connected in parallel with 
flow provided by a single open loop proportional direction control valve. The lateral load transfer 
distribution of the active system is to be similar to that of the passive vehicle so that, in the event 
of system failure, no drastic change in handling characteristic will occur.
A controller is to be developed where demand is taken from a single laterally sensitive body 
mounted accelerometer and feedback provided by a displacement transducer mounted to one of 
the active actuators,
It was decided that the detailed design of the active anti-roll bar geometries, materials, actuator 
diameters and stroke lengths would be undertaken following the commissioning of a computer 
simulation model. Once validated, the simulation would be used to finalise the details of the roll 
control system.
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Figure 3.2 Non-linear tyre characteristics.
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Figure 3.3 Actuator forces and pressures.
M arc
Figure 3.4 Active roll control forces and displacements.
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Figure 3.6 Plan view o f front suspension components.
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Figure 3.8 Ford Fiesta rear suspension layout.








Figure 3.9 Vehicle underside components.
Figure 3.10 Front anti-roll mechanism - Design #1.
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Figure 3.11 Front anti-roll mechanism - Design #2.
Figure 3.12 Front anti-roll mechanism - Design #3.
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4 . P a s s iv e  V e h ic l e  R id e  a n d  H a n d l in g  
In v e s t ig a t io n
4.1. INTRODUCTION
The content of this chapter focuses on the measurement of ride and handling dynamic 
performance data from a standard, passively suspended, 1987 M k2 Ford Fiesta. Computer 
simulation was used extensively in designing an active roll control suspension system which was 
later fitted to the same vehicle. However, in order that confidence could be placed in the 
performance of the computer model, data was first acquired from the passive vehicle and a 
validation process undertaken.
In addition, steady state and dynamic handling data was required from the passive vehicle in 
order to establish a benchmark against which the performance of the active vehicle could be 
evaluated. Also, the availability of a four axis vertical input road simulator opened up the 
possibility for acquiring frequency domain data. A series of repeatable tests were performed on 
the stationary vehicle by applying forced inputs at the wheels.
Details of the various test procedures are given together with explanations of their objectives and 
practical limitations. The various data acquisition components are described and some of the post 
processing techniques are explained. Finally, some typical acquired data sets are presented and 
discussed.
4.2. INSTRUMENTATION AND DATA ACQUISITION
Instrumentation and data acquisition equipment was split into two categories; that mounted 
within the vehicle for moving tests and that situated within the laboratory for forced input tests 
on the road simulator (Figure 4.1). However, since most of the data acquisition was to involve 
moving tests it was desirable to mount the majority of the equipment within the vehicle, most of 
the hardware being situated at the passenger seat location (see Figure 4.2) for easy access by the 
test driver.
4.2.1. In strum entation
Vehicle mounted instrumentation was comprised of the following:
i) Three capacitive accelerometers (Access AMD-CK/0-A10 ±10g) measuring acceleration in 
the lateral direction and mounted at the front bumper, roof centre and rear bumper of the
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vehicle. The acceleration measured by each device thus included components of the vehicles 
true lateral, yaw and roll accelerations.
ii) One hybrid track linear displacement transducer (Penny and Giles HLP-1905-A1-200-8KS) 
measuring movement of the steering rack. The displacement recorded was subsequently 
manipulated to give the steering wheel angle.
iii) Two linear wire extension displacement transducers {Houston Scientific 1850-0010), one 
mounted within each of the front wheel arch recesses, directly above the suspension swing 
arms, and measuring vertical displacement of the swing arms relative to the vehicle body. 
These displacements were manipulated to give front suspension ride heights and front 
suspension roll angle.
iv) One Hall effect digital rotary pulse generator {Ford Motor Co. Part 6183090) mounted in­
line with the vehicle speedometer cable. This device generated a square wave signal, the 
frequency of which being proportional to vehicle speed.
v) Power for the vehicle based instrumentation was supplied by a 240V DC/AC inverter 
{Victron Atlas 12.750) connected directly to the vehicles 12V battery (Figure 4.3).
Further instrumentation used during the laboratory based forced input ride tests consisted of the 
following:
vi) Four LVDT linear displacement transducers, one built into each of the actuators of the road 
simulator for measurement of actuator displacement.
vii) One solid state angular velocity transducer {Murata Gyrostar ENV-05S) mounted to the 
vehicle roof for measurement of body roll velocity during the forced input ride tests.
4.2.2. S ignal Conditioning
The transducers were supported by frame mounted signal conditioning cards comprising a 
stabilised power supply and low pass signal filtering wherever necessary. A filter frequency was 
chosen which permitted all relevant handling frequencies to be recorded. Included within the 
frequency range of interest were the sprung mass bounce, pitch and roll modes of vibration, and 
the vehicle yaw and lateral modes of vibration. From previous studies (Hickson and Quill, 1992) 
it has been shown that the vehicle lateral and yaw modes of response represent the highest of 
these frequencies, typically occurring at around 5 Hz. Consequently, two-pole low pass 
Butterworth filters with cut-off frequencies of 20 Hz were configured for each of the 
accelerometers, position transducers and the angular velocity gyro. It should be noted that
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although the vertical motions of the unsprung masses would appear in the test results at around 
12-18 Hz, the amplitude and phase responses recorded would be influenced by the low pass 
filtering.
The digital speed transducer was connected to a frequency to voltage converter outputting a DC 
voltage directly proportional to vehicle speed. A 2 Hz low pass filter was configured for this 
device.
4.2.3. Data  Capture
Two separate methods of data capture were employed. For moving vehicle tests a PC based 
digital data acquisition system was used (Figure 4.4). This comprised an 80486 laptop PC 
communicating with an external A/D card (Kiethly DAS58) through a dedicated expansion box. 
The A/D card sampled the conditioned signals via a break-out interface. Data acquisition and 
instantaneous graphical analysis were performed with Signal Spy software (University o f Bath, 
UK).
During the forced input ride tests a frequency response analyser (Schlumberger Soltarton 1250) 
was used for performing frequency domain analysis. By running the road simulator at discrete 
sinusoidal frequencies from a signal generator built into the frequency response analyser, transfer 
functions relating two independently measured parameters could be analysed. For example, the 
transfer function between actuator displacement input and vehicle roll velocity output could be 
analysed in terms of amplitude ratio and phase shift.
4.2.4. Calibration
Calibration tests were performed for each of the instruments in order to establish operating 
ranges and check the linearity of measured signals. The procedures were as follows:
i) For the accelerometers, gains were determined by linear regression of readings recorded at 
+lg, Og and -lg. The operating ranges were each set to ±2g.
ii) For the steering transducer, linear regression was performed at steer angles ranging between 
-360° and +360°, recorded in 90° steps. The operating range was set at ±540° (±full lock).
iii)For the wire extension transducers, linear regression was taken at six separate ride heights by 
physically jacking the vehicle. The operating range was set to ± 150mm from the static ride 
height position.
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iv) The gain for the speed transducer was determined by taking steady speed readings ranging 
from 10 m/s to 25 m/s in steps of 5 m/s. The transducer operating range was subsequently set 
to 2-20 m/s.
v) In order to confirm that the instruments were not susceptible to any fluctuation in the inverter 
supply voltage, steady state readings were taken from the stationary vehicle with several 
different engine speeds and with power taken directly from the laboratory mains supply. No 
fluctuations were detected in the steady state data.
Calibration of the road simulator displacement transducers and the body mounted roll velocity 
gyro was deemed unnecessary. Their purpose was merely to provide data over a range of 
frequencies for comparative analysis between the passive and active vehicles and as such strict 
dimensional accuracy was not essential.
4.2.5. Data  Manipulation
All acquired data was downloaded to a workstation and processed using MATLAB (1992) 
software. For each instrument, gains and offsets were applied to yield dimensioned physical
quantities such as ride height, vehicle speed and steer angle. Further physical quantities were
subsequently derived from the recorded measurements such as sprung mass lateral, roll and yaw 
accelerations and suspension roll angle.
The suspension roll angle was calculated by considering the measured ride heights:
(4.1)
The three accelerometer signals were manipulated to give the principle accelerations of the 
sprung mass. Figure 4.5 shows the positions of the accelerometers relative to the vehicle body 
CG. The acceleration measured by each accelerometer included components of lateral, yaw and 
roll acceleration:
y a 1 = y s + Zal4>s+ X al'i 's (4-2)
ya2=ys+Za2<Ps+Xa2Vs (4*3)
yal=ys +Za$S+ XalVs (4*4)
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These equations may be expressed in matrix form by defining a measured acceleration matrix 



















Equations 4.2,4.3 and 4.4 are thus be expressed as;
[M] = [Z][A] (4.8)
This may be rearranged to give the absolute acceleration matrix in terms of the measured 
acceleration matrix and the transformation matrix as follows:
(4.9)
The positions of the accelerometers relative to the vehicle CG are given in Table 4.1. The signal 
manipulations were implemented within MATLAB programs together with various plotting 
functions for displaying measured data.
Accelerometer Longitudinal position, xa (m) Vertical Position, za (m)
1 (Front) 1.556 0.194
2 (Top) -0.314 -0.716
3 (Rear) -2.074 0.204
Table 4.1 Accelerometer Positions 
4.3. EXPERIMENTAL TEST PROCEDURE
In order to satisfy the requirements of model validation and to provide a benchmark for judging 
the performance of the active vehicle, steady state and dynamic handling manoeuvres and 
frequency domain ride tests were undertaken. The procedures for each of these tests are described 
below.
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4.3.1. Forced  Input  R ide Analysis
All ride analysis tests were performed using a four axis vertical input road simulator, as shown in 
Figure 4.1. The test bed comprised of four hydraulic actuators, one situated beneath each of the 
vehicle wheels, allowing vertical inputs of up to ±125mm in amplitude. Digital closed loop servo- 
valves received demand signals from either a PC or other external signal generator to control the 
displacement of the actuators. The system was capable of generating single frequency road 
disturbances with the actuators operating either independently or in phase. Proportional, integral 
and derivative gains were set to give an actuation bandwidth of approximately 30 Hz.
The four axis road simulator was used to excite the vehicle in bounce, pitch and roll by using 
single frequency inputs within the range 1-30 Hz. Although this type of forced input testing is not 
representative of any real road or manoeuvre induced disturbance, it provides a convenient and 
repeatable means for conducting comparative studies within the frequency domain.
4.3.2. Stea d y  State  Handling  T ests
Steady state handling tests were performed in order to examine some of the more basic vehicle 
handling characteristics. These were used to validate the simulation, to check some of the 
estimated vehicle parameters and to provide a benchmark against which the steady state 
characteristics of the active vehicle could be judged.
Properties which influence steady state test results include the suspension roll stiffness, sprung 
mass CG position, suspension roll centre heights, steering mechanism ratio, wheel toe and 
camber changes and steady state tyre characteristics. Such testing also gives an indication of the 
vehicles limit handling capabilities. Comparison between measured test data and simulation 
results thus contributes to the validation of these measured parameters.
The preferred test procedure, as described by the British Standards Institution (BS AU 189:1983), 
states that the vehicle shall be driven on a constant radius while speed is increased in small 
increments. However, a quasi steady state approach was adopted where vehicle speed was slowly 
and continuously increased. Also, it proved difficult to maintain the vehicle on a constant radius 
during the test. A more repeatable constant steer angle approach was therefore favoured. This 
made the tests far simpler to reproduce in simulation although understeer and oversteer 
characteristics were no longer apparent from the results.
Tests were performed over a range of lateral acceleration (0.5-8.0 m/s2) with fixed steering wheel 
angles of 270° and 360°. Tests were performed for both clockwise and anti-clockwise turns.
Design and Development of an Active Roll Control Suspension Page 67
School o f Mechanical Engineering University o f Bath
4.3.3. Dynam ic  Handling  T ests
Dynamic handling tests were performed in order to examine some of the more complex vehicle 
handling characteristics. Properties which influence dynamic handling test results include vehicle 
roll and yaw moments of inertia, suspension damper rates and tyre relaxation lengths.
The test procedure was based upon the guidelines set out in BS AU 230 : 1989. The vehicle was 
driven at constant speed and an approximate step input applied to the steering wheel by the 
driver. Vehicle speeds in the range 8-10 m/s were used with step steer input magnitudes of 90°, 
180°, 270° and 360°. Tests were performed for both left and right hand turns.
4.3.4. V ehicle  Param eters
The vehicle tested was a left hand drive 1987 M k2 Ford Fiesta 1.1 Ghia with CTX automatic 
transmission. For all tests the vehicle was loaded with the driver and data acquisition hardware. 
Since the data acquisition hardware was located on and around the passenger seat this was taken 
to approximate 2-up loading. All four tyres were Michelin 155/70 R 13 75 S MXL, in good
condition. Tyre inflation pressures (cold) were for the front 23 PSI and for the rear 26 PSI. Road
conditions were of firm, dry and level tarmac.
4.4. TESTS RESULTS
Typical results for each of the tests are presented in Figures 4.6-4.17. The data shown is 
representative of all tests performed. Due to the high sample rate at which data was acquired 
(200 Hz), some of the results are shown in a reduced form. This process of reduction involves 
averaging consecutive data points in order to decrease the number of points displayed on a graph. 
Typically, data may be reduced by factors between 10 and 50.
4.4.1. Fo rced  Input R ide Results
The transducers used here were connected to a frequency response analyser for real time
amplitude ratio and phase angle analysis. It was therefore unnecessary to record digitally the 
signal history in the time domain. However, some measurements were recorded in order to 
illustrate typical transducer outputs.
Figure 4.6 shows the road simulator front actuator displacements during a 10 Hz roll mode 
excitation. The actuators generated a sine wave displacement profile in response to an ideal sine 
wave demand signal. The form of the reproduced displacement sine wave is good. For a single 
frequency, variations in both the amplitude and period of oscillation are maintained within a
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range of ±5%. As frequency was increased, sinusoidal motion of the actuators was maintained, 
although a reduction in displacement amplitude was observed.
Figure 4.7 shows the vehicle roll velocity response following a forced sine wave road 
displacement input at 10 Hz. The recorded signal is clear and has no noticeable variation in either 
amplitude or period. A gradual reduction in the quality of the sine wave profile was observed as 
frequency was increased. This phenomenon can be attributed to the non-linear response of the 
vehicle body brought about by suspension friction, stiction and unequal damper rates.
4.4.2. Steady  State  Handling  Results
Typical results from a constant steer angle test are shown in Figures 4.8-4.12. The steer angle 
used for the case illustrated was a constant 360° right hand turn. Figure 4,8 shows the gradual 
increase in vehicle speed associated with this quasi steady state test. The rate of speed increase is 
approximately constant (0.5 m/s2) making it highly suitable for reproduction in simulation.
Figure 4.9 shows readings from the three accelerometer stations. Since yaw and roll acceleration 
are negligible during quasi steady state testing, each of the accelerometers are expected to echo 
only the steadily increasing lateral acceleration. This is apparent as the three curves are similar. 
The signal to noise ratios for these measurements are low.
Figure 4.10 shows the resolved components of lateral, roll and yaw acceleration. As expected, the 
path of the lateral acceleration curve follows closely the curves of the previous plot. The 
components of roll and yaw acceleration are negligible in comparison, confirming that the test is 
truly quasi steady state.
Figure 4.11 shows the front suspension ride height variation. There is a general increase in ride 
height on the right hand side of the vehicle and a decrease on the left. This is due to an increasing 
body roll angle as lateral acceleration becomes greater. Also, the gradient of the curve for the 
right hand side of the vehicle appears to be greater than that for the left. This is due to suspension 
jacking forces which increase the sprung mass CG height as lateral suspension forces become 
greater. The high frequency noise visible on these curves is due to road surface irregularities 
exciting the unsprung masses.
Figure 4.12 shows the suspension roll angle calculated from ride height variation. As with the 
ride height curves, some high frequency noise is apparent due to road noise induced vibration of 
the unsprung mass. The signal to noise ratio of this curve is far superior to that of roll 
acceleration, thus demonstrating that the calculation roll displacement by integrating roll 
acceleration would have produced a trace of inferior quality.
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4.4.3. Dynam ic  Handling  Results
Typical results from a dynamic step steer test are shown in Figures 4.13-4.17. The test was 
performed at a constant speed of approximately 8 m/s and the time history of the steer input is 
shown in Figure 4.13. The steer input is a good ramp approximation, with a small amount of 
overshoot before reaching a steady state value of approximately 270°.
Time histories for the three accelerometer readings are shown in Figure 4.14. High frequency 
road noise is evident on each of the signals and is generally more severe than that recorded during 
the constant steer angle test. This may be attributed to the relatively high speeds maintained 
during step steer testing. Despite an increased noise level, the underlying trends of the measured 
accelerations are clear.
The front and rear accelerometers exhibit a rapid response to the step demand with the central 
(top) accelerometer responding fractionally later. Also, the initial response of the front 
accelerometer is positive whereas the rear is negative. These features are due to the relative phase 
differences between the lateral, roll and yaw acceleration responses, and the differing 
components of each acceleration measured by the three accelerometers. All three signals reach 
the same steady state value as roll and yaw accelerations tend towards zero.
Figure 4.15 shows the separated components of lateral, roll and yaw acceleration. As the steering 
wheel is ramped through its displacement, slip angles are generated at the front wheels and a 
front axle lateral force is built up. This in turn generates a yaw acceleration due to the moment 
arm of the front axle lateral force application point, forward from the vehicle CG. Also, lateral 
and roll accelerations occur due to the application of front axle lateral forces. These forces are 
applied at the front roll centre, offset below the sprung mass CG. As the vehicle yaws, slip angles 
are developed at the rear tyres and lateral and roll accelerations reach a maximum as rear axle 
lateral force increases. This mechanism is illustrated in Figure 4.15 where the yaw acceleration 
peak occurs prior to that of lateral and roll acceleration.
The signal to noise ratio for the lateral and yaw acceleration is good, but the roll acceleration 
shows more interference. However, the major features of the three acceleration signals are 
visible.
Figure 4.16 shows the front ride height deflections following the step steer manoeuvre. The 
signals are clear although some road disturbances are visible. The calculated suspension roll 
angle is shown in Figure 4.17. Again, some road noise is present but the basic trend is clear. The 
roll angle ramps towards its steady state value and overshoots briefly before settling. The
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information provided by these response curves is of suitable quality for validation of simulation 
results.
4.5. CONCLUSIONS
The test vehicle was instrumented for data acquisition during stationary and moving tests. 
Vehicle parameters under investigation include speed, suspension roll angle, steer angle and 
lateral, roll and yaw accelerations. Stationary tests were performed with a hydraulic road 
simulator in order to evaluate vehicle ride. Various moving tests were performed so that steady 
state and dynamic handling properties could be assessed.
The data acquired is clear and without serious contamination from road noise. The results are 
suitable for validating the computer simulation and also for providing a benchmark against which 
the performance of the active vehicle may be judged.
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Figure 4.1 University o f Bath road simulator.
Figure 4.2 Vehicle mounted data acquisition system.
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Figure 4.3 Power supply for the vehicle mounted data acquisition equipment.
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Figure 4.4 Schematic representation o f  the instrumented vehicle.
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Figure 4.7 Vehicle body roll velocity recorded 
during 10 Hz forced input ride analysis.
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5 . P a s s iv e  M o d e l  V e r if ic a t io n  a n d  V a l id a t io n
5.1. INTRODUCTION
This chapter gives a detailed account of the techniques used in validating the performance of the 
passive vehicle simulation model. Several tests were carried out on the experimental vehicle and 
the results compared with identical tests performed using the computer simulation. The precise 
methods of testing are given and the assumptions employed in recreating the tests within the 
simulation environment are discussed. Conclusions are drawn for each of the different testing 
methods.
5.1.1. O bjectives  of  th e  Validation  Process
The main objective of the validation process was to ensure that the simulation was performing 
with sufficient accuracy to facilitate successful active roll control system design. The process 
therefore involved performing several tests in order that manufacturers data, measured quantities 
and estimated values could be checked for validity. The tests included stationary ride analysis 
using a road simulator, steady state handling tests and dynamic handling tests. In each case, the 
tests were performed first on the instrumented vehicle while data was acquired, and then 
recreated in simulation for direct comparison.
Since the roll control system was designed to operate with a relative low bandwidth and to cancel 
roll in the lateral acceleration range 0-5 m/s2, the performance of the simulation at low frequency 
was of crucial importance.
5.2. VEHICLE PARAMETERS
Obtaining the vehicle parameters needed for simulation involved referencing several sources, 
estimating some values and measuring other quantities from the test vehicle. Much of the data 
was supplied from the vehicle manufacturer, including the results of a detailed Suspension 
Geometry Measurement (SGM) test (Ford Motor Company, 1981). Other values were taken from 
a Ford Fiesta case study included in the work by Campbell (1980) and in several instances 
estimations were made based on a more comprehensive data set for a Ford Sierra XR4x4i (Ford 
Motor Company, 1989). Since the accuracy of some parameters was particularly crucial there 
were several occasions where referenced data was verified against experimental measurement. 
This section describes the various data sources, the methods of experimental measurement and 
the reasoning behind the estimations made. Quantitative values for the parameters are given in 
Appendix A, ‘Simulation Parametric Data’.
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5.2.1. M ass  and  Inertial  Param eters
Mass and inertial values for the sprung mass, suspension elements, unsprung masses and tyres 
were provided by the Ford Motor Company. Unsprung mass values were calculated by combining 
figures for the suspension elements, wheels and tyres, and unsprung mass rotational inertia was 
found by combining the inertias of the wheels and tyres. The vehicle yaw moment of inertia was 
calculated by combining the sprung mass yaw moment of inertia with the masses and positions of 
the suspension elements, wheels and tyres. For this process the parallel axis theorem was applied. 
Table 5.1 summarises the sources for mass and inertial parameters.
Parameter Source
Sprung mass Ford Motor Co.
Front and rear unsprung masses Ford Motor Co.
Vehicle yaw moment of inertia Ford Motor Co.
Sprung mass roll and pitch moments of inertia Ford Motor Co.
Unsprung mass hub inertias about axles Ford Motor Co.
Sprung mass CG location; vertical and longitudinal Campbell
Unsprung mass CG location; vertical Measured
Table 5.1 Mass and Inertial Parameter Sources.
5.2.2. S uspension  Param eters
The bulk of the suspension data was given in Ford’s SGM test with additional parameters taken 
from Campbell’s case study. Estimated quantities included the positions and rates of the bump 
and jounce stops which were assumed to be identical to the Sierra. Values supplied for 
suspension spring and roll stiffnesses were verified through experimental measurement. This was 
achieved by hoisting each of the wheels through a range of different ride heights and measuring 
the lifting force with a load cell.
Parameter Source
Track variation with ride height (front, rear) Ford SGM test
Wheel camber with ride height (front, rear) Ford SGM test
Toe angle with ride height (front, rear) Ford SGM test
Suspension pitch angle with ride height (front, rear) Ford SGM test
Bump and jounce stop force rates (front, rear) Taken from Sierra data
Bump and jounce stop positions (front, rear) Taken from Sierra data
Single wheel spring rate (front, rear) Ford SGM test & measured
Suspension roll stiffness (front, rear) Campbell & measured
Damper compression and rebound rates (front, rear) Sierra based
Damper end to wheel movement ratio (front, rear) Measured
Rear suspension Panhard rod geometry Measured
Table 5.2 Suspension Parameter Sources.
5.2.3. T yre  PARAMETERS
Very little information was available regarding the tyres of the test vehicle. Vertical stiffness was 
calculated from measurements of the tyres loaded and unloaded radii and the known static kerb
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weight. Many of the tyre parameters were taken from the Sierra data set. The tyres of the Sierra 
are larger and of lower profile (185/60 R14 compared with 155/70 R13) but in the absence of any 
manufacturer’s data this represented the most accurate information available.
It should be noted that, according to tests referenced by Dickison and Yardley (1993), tyre forces 
may vary by up to 20% depending on road surface material alone. The performance of the 
simulation tyre model thus represents the most likely source of error when comparing 
experimental and simulation results. In light of the errors expected from simplified tyre 
modelling, the accurate representation of the precise tyre used by the test vehicle was thought to 
be non-essential.
Parameter Source
Vertical linear spring rate Measured
Vertical damping rate Taken from Sierra data
Unloaded radius Measured
Lateral force relaxation length Taken from Sierra data
Longitudinal force relaxation length Taken from Sierra data
Tyre to road static friction factor Taken from Sierra data
Table 5.3 Tyre Parameter Sources.
The tyre model generates lateral force by interpolating a three-dimensional data array of 
experimental data. A steady state force is ascertained for given values of tyre vertical load, 
camber angle and slip angle. Tyre slip stiffness is thus variable and changes with vertical load, 
camber and slip. However, for the purposes of reference, linear regression of the tyre side force 
versus slip angle characteristic at 1° slip, with 0° camber and a vertical load of 3000N, reveals a 
slip stiffness of 753 N/°.
5.2.4. M iscellaneo us  Param eters
The remaining miscellaneous parameters are listed in Table 5.4, most of which were measured 
from the test vehicle. The steering ratio was established by stepping the steering wheel through 
nine different angular displacements and marking the front wheel alignment on the road at each 
position. Linear regression of these angles revealed the relationship between the two. Drag 





Front/rear brake torque split Taken from Sierra data
Vehicle frontal area Measured
Coefficient of aerodynamic drag Hoemer
Table 5.4 Miscellaneous Parameter Sources.
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5.3. ASSUMPTIONS MADE IN THE SIMULATION PROCESS
In addition to the simplifying assumptions implemented within the vehicle models, several 
assumptions were made for the simulation of the various test procedures. For all simulations a 
perfectly flat and level road surface was used and no aerodynamic disturbances (from gusting, for 
example) were applied.
For the quasi steady state constant steer angle tests it was assumed that the steering wheel angular 
displacement was held perfectly constant. For the first five seconds of simulation the vehicle was 
driven at a constant forward velocity of 2 m/s, thus enabling any transients associated with initial 
condition mismatches at simulation start-up to settle. Forward velocity was then increased 
steadily from 2 to 10 m/s over a 25 second period.
For dynamic step steer testing a constant forward velocity was assumed. The simulation steer 
angle was taken from the acquired test data enabling the steering input to be accurately recreated. 
On simulation start-up the vehicle was driven with a constant steer angle of 0° for five seconds in 
order to allow transients to settle. The step steer manoeuvre was then executed.
It was not straightforward to recreate the stationary ride tests as many of the simulation models 
were originally designed for moving tests only. Since operating these models with zero forward 
velocity would result in a simulation crash, several methods were employed to approximate the 
behaviour of the stationary vehicle. Details are given in the following section.
5.4. STATIONARY RIDE RESULTS
5.4.1. S im ulation  Approach
The key difference in the response of stationary and moving vehicles stems from the behaviour of 
the tyres. For a moving vehicle, the lateral response characteristics of the tyres are dominated by 
their slip stiffnesses and lateral force relaxation lengths. It is these properties which are modelled 
in the BATH#? simulation. Conversely, the lateral response of a stationary tyre is dominated by 
the carcass lateral stiffness and damping ratio. These parameters are not included within the 
simulation model. Since frequency domain results from the stationary test vehicle on the road 
simulator rig were readily available, it was desirable to attempt to recreate these tests in 
simulation as part of the validation process. Several methods were therefore investigated for 
approximating the behaviour of the stationary tyres in simulation.
To avoid simulation crashes the vehicle was driven at a steady forward velocity of 1 m/s and with 
a constant steer angle of 0°. Although, as previously stated, the simulation model was not suited
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to predicting the behavour of stationary tyres, an attempt was made to approximate stationary tyre 
behaviour by reducing the relaxation length of the simulation model. Vehicle response sensitivity 
to changes in tyre side force time constant were thus investigated by considering several different 
relaxation lengths. In addition and for comparison, a series of simulations were performed with 
the tyre models lateral force generation subroutines disabled. This effectively removed all lateral 
force modelling from the tyres, simplifying their representation to that of a vertical stiffness and 
damping ratio.
All of the stationary ride results were required in frequency domain format, so linear analysis of 
the vehicle model was undertaken. With such a large number of excitation frequencies, 
continuous time simulation would have been a lengthy process, with a separate simulation run 
required for each frequency. By linearising the system it was possible to obtain an entire set of 
frequency domain data from a single simulation run. Linear analysis is an extended feature of 
BATHfp (Tilley, 1995) where the user defines a series of system inputs and outputs. At a pre­
defined time during the simulation, linear analysis is performed by taking small perturbations 
about the input operating points. Transfer functions relating inputs to outputs are then determined 
in state space form;
x = Ax+ Bu (5.1)
y = Cx + Du (5.2)
where x  represents the system states, u the inputs and y  the outputs. The coefficients A, B, C and 
D are evaluated and exported for frequency domain analysis in MATLAB. The simulation circuit 
used for linear analysis during the stationary ride tests is shown in Figure 5.1.
5.4.2. Roll Mode Excitation
The experimental frequency response results for roll excitation are shown in Figure 5.2. The 
transfer function relates road roll acceleration to sprung mass roll acceleration. Several break 
points are visible and these have been identified in previous studies as component resonances
(Hickson and Quill, 1992). The resonance at 1.7 Hz corresponds to the body roll natural
frequency, the peak at 3 Hz corresponds to vehicle yaw and the 4.7 Hz peak represents lateral 
resonance of the vehicle on the tyres. All of these motions were clearly visible during the tests. 
Further break points visible in the range 10-20 Hz correspond to resonance of the engine mass 
and the front and rear unsprung masses.
Bode plots for the various simulation roll results are shown in Figure 5.3. The first series of tests 
performed were those with varying relaxation length. Relaxation lengths were set to 0.58m
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(standard), 0.87m (50% increase) and 1.16m (100% increase). In all three cases the roll 
resonance is apparent at 1.2 Hr. There is however a large variation in the resonant frequency of 
the lateral and yaw responses. In all cases, lateral and yaw resonance occur concurrently and 
within the frequency range 2-4 Hz. Visible resonance of the engine is not anticipated since its 
degrees of freedom are not modelled within the simulation. However, resonance of the unsprung 
masses should be visible in the plots. Thus, two problems exist with this representation; the 
unforeseen exclusion of unsprung mass resonance and the high sensitivity of lateral and yaw 
motions to tyre relaxation length.
The problem of unrepresented unsprung mass resonance was traced to an error within the 
BATH/p linear analysis algorithm. Values for the tyre vertical stiffness and damping, the sprung 
and unsprung masses and the suspension stiffness and damping were all checked and verified 
with a simple quarter car model. Setting the vertical motion of the wheel as a linear analysis 
output revealed a flat frequency response in the range 10</<20 Hz, confirming that the analysis 
algorithm was in some way failing. Remembering that the roll resonance of the sprung mass did 
appear to be correctly modelled it was concluded that the analysis would still be beneficial, 
despite the omission of sprung mass influences.
The second problem was the inaccuracy of the lateral and yaw frequency responses. The 
representation of these resonances was clearly inaccurate and also highly sensitive to tyre 
relaxation length. The method of approximating stationary tyre lateral properties through 
selection of some appropriate relaxation length was therefore deemed unsuitable. It was 
considered better to omit the tyre lateral properties from the forced input simulations altogether 
rather than to approximate them in a way that may give misleading results.
Shown in Figure 5.3 is a simulation frequency response where the tyre lateral properties have 
been omitted. The roll natural frequency is close to the experimental response at 1.5 Hz and 
thereafter phase tends towards -180°. The model simplifications have thus provided an accurate 
recreation of sprung mass roll mode resonance without any misleading information due to poorly 
modelled tyre characteristics. This method of neglecting tyre lateral properties was maintained 
for all subsequent stationary ride tests.
5.4.3. Bounce  Mode  Excitation
The experimental frequency response for bounce mode excitation is shown in Figure 5.4. Two 
resonant points are seen; the bounce mode at 2 Hz and the pitch mode at 1.5 Hz. Following these 
two break points there is a steady gain change of -30 dB/dec and a constant phase angle of -150°. 
The unsprung mass and engine resonances occur coincidentally at approximately 13 Hz.
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Simulation results for the same test are shown in Figure 5.5. The sprung mass response follows 
closely the experimental data with bounce resonance visible at 1.9 Hz and pitch resonance at 
1.4 Hz. As with the experimental response, gain then decreases steadily at -30 dB/dec and phase 
settles at -150°.
5.4.4. P itch  Mode Excitation
Experimental frequency response results for pitch mode excitation are shown in Figure 5.6. Pitch 
resonance is clear at 1.5 Hz and the bounce mode resonance appears at 2.2 Hz. Following these 
break points the amplitude ratio decreases steadily at -30 dB/dec and phase tends towards -150°. 
Further along the frequency axis the front unsprung mass and engine resonances occur at 13 Hz 
and the rear unsprung mass break point occurs at 14 Hz.
Simulation results for the same test are shown in Figure 5.7. Pitch resonance is closely matched 
to the experimental results at 1.4 Hz but there is a slight shift in the bounce break point which 
appears at 1.9 Hz. The amplitude ratio then decreases steadily at -30 dB/dec and phase settles to 
-150°.
5.4.5. Sta tio n ar y  R ide Conclusions
A number of problems were encountered when representing stationary vehicle ride tests in 
simulation. It was apparent that the simulation linearisation algorithm omitted the resonance of 
the unsprung masses. However, the sprung mass bounce, pitch and roll motions could still be 
observed.
Only small discrepancies were seen in the prediction of sprung mass resonant frequencies and 
any differences may be attributed to small inaccuracies is the suspension and sprung mass 
parameters. However, none of the discrepancies appeared so large as to be a serious cause for 
concern. For all simulation results, beyond the resonant frequencies of the sprung mass, the 
amplitude ratio gradient and phase angle tended towards values similar to those of the 
experimental results, indicating a system response of equal order.
The largest discrepancy was seen in the bounce resonance during pitch excitation. This apparent 
error was traced to a previously unnoticed motion of the vehicle during testing. During pitch 
excitation the vehicle would oscillate fore and aft if the hand brake was engaged. This oscillation 
was due to a combination of longitudinal suspension compliance and the kinematic link between 
the suspension longitudinal and vertical motions.
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The tests have shown good prediction of the sprung mass bounce, pitch and roll natural 
frequencies. This gives confidence in the values for the mass and inertias of the vehicle body and 
also the spring and damper rates of the secondary suspension.
5.5. STEADY STATE HANDLING RESULTS
5.5.1. S im ulation  A pproach
The assumptions implemented during simulation of steady state handling tests are listed in 
section 5.3, ‘Assumptions Made in the Simulation Process’. Two separate steady state handling 
tests were recreated in simulation; Test Case #1 for which steering angle was held constant at 
+360° (clockwise turn) and Test Case #2 where the steering angle was maintained at -270°.
5.5.2. T est  Case  #1
The results from Test Case #1 are given in Figures 5.8-5.13. Figure 5.8 shows the simulation and 
experimental variation of lateral acceleration as a function of vehicle speed. For low 
accelerations where tyre slip is small the basic function;
y = —  (5.3)
r
applies, where r is the radius of turn. This ideal curve is shown in the plot. Simulation, 
experimental and ideal characteristics are well matched in the velocity range u<5 m/s. After this 
point both experimental and simulation accelerations are smaller than the ideal case as tyre slip 
forces the vehicle on to a larger radius of turn. Above 5 m/s the simulation overestimates lateral 
acceleration until u>8 m/s. It should be noted that the area of most interest lies within the lateral 
acceleration range 0-5 m/s2 and that there is deviation between experimental and simulation 
results as the lateral acceleration approaches 5 m/s2. Since there is good low speed correlation it 
was concluded that there were no errors in the measurement of speed or acceleration, and that the 
radius of turn was correct, indicating a well modelled steering geometry.
The discrepancies observed are most likely to stem from the tyre models. Since the simulation 
uses data for larger tyres than those of the test vehicle, one would expect the model to 
overestimate the tyre side force and associated lateral acceleration. Also, the suspension 
compliance data may under-predict changes in camber and toe angle due to ageing of the rubber 
components in the test vehicle. It should be noted that these discrepancies are not critical since it 
is the correct modelling of the body response to suspension forces that is of prime interest. The
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accurate prediction of lateral forces for a given speed and steer angle is of less importance in 
these studies.
Figures 5.9 and 5.10 show roll and yaw acceleration as functions of vehicle speed. In both cases 
the accelerations are low, confirming the quasi steady state nature of the test. The experimental 
results for yaw acceleration are greater than those from simulation, indicating a greater forward 
acceleration in the test vehicle. The level is, however, low (dynamic manoeuvres routinely 
generate yaw accelerations of 2.5 rad/s2) and is not considered problematic.
Figures 5.11 and 5.12 show the front axle ride height variations as functions of lateral 
acceleration. These plots reflect the vehicle’s roll moment to lateral acceleration characteristics 
and good correlation is therefore considered important. Both left and right sides match simulation 
well over the lateral acceleration range of interest (<5 m/s2). There is a small constant offset in 
the experimental data for the front right wheel, assumed to be a calibration error with the 
transducer. Additionally, there is a sudden increase in the experimental plot gradients for both 
wheels as acceleration increases beyond 6 m/s2. The cause of this was found to be a small 
increase in steer angle during testing (approximately 5°) which reduced the radius of turn and 
hence increased suspension jacking forces.
Figure 5.13 shows the calculated suspension roll angle as a function of lateral acceleration. The 
change in ride height due to steering angle variation has not affected the roll angle since its result 
was a purely vertical displacement of the sprung mass. The correlation between experimental and 
simulation results is excellent. This gives confidence in the simulation parameters for roll 
stiffness, sprung mass, CG height and the wheel path polynomial coefficients used for roll centre 
location.
5.5.3. T est  Case  #2
The results from Test Case #2 are given in Figure 5.14-5.19. Figure 5.14 shows the simulation, 
experimental and ideal characteristics for lateral acceleration against vehicle speed. Test Case #2 
demonstrates an improved match between simulation and experimental results, with separation 
not occurring until w>7.5 m/s. This improvement is most probably due to the slower rate of speed 
increase used in Test Case #2 (see Figure 5.16).
Figures 5.15 and 5.16 show the roll and yaw acceleration responses. There is a small positive 
offset in the experimental results for roll acceleration, thought to be due to a slow drift on one of 
the accelerometers. Unlike Test Case #1, there is no offset on the experimental yaw acceleration 
curve. This is due to the reduced rate of speed increase used in Test Case #2.
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Figures 5.17 and 5.18 show the front axle ride height variation characteristics. Good correlation 
is seen in both plots and the gradient change observed in Test Case #1 is not apparent here. This 
confirms that the discrepancy in Test Case #1 was probably due to suspension jacking following 
the change in steer angle.
Figure 5.19 shows the suspension roll angle versus lateral acceleration characteristic. The match 
between experimental and simulation results is again excellent.
5.5.4. Steady  State  Handling  Conclusions
Two quasi steady state handling tests have been presented. The simulation predictions for 
suspension ride heights and roll angles closely match the experimental results. The main area of 
disagreement is seen in the characteristics for lateral acceleration as a function of vehicle speed. 
These differences are thought to stem from inaccuracies in the modelling of tyre characteristics. 
However, this is of little importance since the modelling of roll dynamics due to suspension 
forces remains unaffected.
The good agreement between experimental results and simulation data for suspension ride height 
and roll angle as functions of lateral acceleration gives confidence in the simulation parameters 
for the sprung mass, its CG height, the suspension roll stiffness and roll centre positioning.
5.6. DYNAMIC HANDLING RESULTS
5.6.1. S im ulation  Approach
The assumptions implemented during simulation of dynamic handling tests are listed in section
5.3, ‘Assumptions Made in the Simulation Process’. Two dynamic handling tests were recreated 
in simulation; Test Case #3 for which a clockwise step steer was executed and Test Case #4 
where an anti-clockwise step steer was performed.
5.6.2. T est C ase  #3
The results from Test Case #3 are given in Figures 5.20-5.25. The simulation used steering data 
acquired from the test vehicle and hence the experimental and simulation curves of Figure 5.20 
coincide. The steering wheel is ramped through +175° over approximately 0.4s with a small 
degree of overshoot. Figure 5.21 shows a gradual decrease in the test vehicles speed (<5%) 
following the step, an effect seen to a lesser extent in simulation.
Lateral acceleration is presented in Figure 5.22. The initial transient response is reproduced 
accurately by the simulation and the steady state level is matched closely. The simulation under-
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predicts the peak overshoot value, but only by 8%. The experimental response appears to be less 
damped than the simulation, although this is unclear due to the presence of road noise. Following 
the initial overshoot, the predicted oscillation frequency is lower than the experimental 
measurement. Possible sources of error accounting for this include an incorrect sprung mass or 
inertia, or incorrectly estimated tyre properties such as relaxation length. Given the various 
sources for these values it is most likely that the tyres are the cause of the problem.
The yaw acceleration response is shown in Figure 5.23. The initial transient correlates well and 
there is little difference between experimental and simulated peak acceleration values. In the 
steady state, both curves settle to 0 m/s2. There is some difference in the response following the 
initial peak; the simulation appears to have too long a period of oscillation which again may be 
attributed to incorrectly estimated tyre parameters. This differences are, however, small.
The roll acceleration response is given in Figure 5.24. The experimental noise component is high 
since roll acceleration is susceptible to road disturbances. The initial negative peak is well 
matched in simulation and there is only a small difference between the steady state values. There 
are some differences in transient response following the first peak and the simulation appears to 
oscillate with too low a frequency. This behaviour could be caused by a poorly selected roll 
inertia, roll stiffness or roll damping. The most probable cause of error is too low a roll damping 
as all of the suspension damping rates have been estimated. There is no reason for doubting the 
manufacturers measurement of roll inertia and roll stiffness has been validated in the steady state 
results.
The suspension roll angle response is shown in Figure 5.25. The experimental results are clear 
and matched well by the simulation in the initial and final steady states. The simulation 
overestimates the magnitude of the roll overshoot by 12% and appears to have a longer period of 
oscillation. If the increase in oscillation period were to be attributed to too low a damping then 
this would also explain the large magnitude of roll overshoot.
5.6.3. T est  Case  #4
The results from Test Case #4 are given in Figures 5.26-5.31. Figure 5.26 shows the steering 
wheel being ramped through -150° over a 0.4s period with a small amount of overshoot. 
Figure 5.27 shows a small speed reduction following the step (<7%) which is again seen to a 
lesser extent in simulation.
Figure 5.28 shows the lateral acceleration response. The simulation again underestimates the 
magnitude of the transient peak, the initial and final steady state values being well matched. The
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oscillations seen in Test Case #1 are not visible here. This is thought to be due to the reduced 
amount of steering angle overshoot in this test.
Yaw and roll acceleration responses are shown in Figures 5.29 and 5.30. The yaw acceleration is 
reproduced well by the simulation, with the magnitude of the initial peak being slightly too low. 
This occurrence is still assumed to be due to the estimated tyre parameters. The roll acceleration 
response is seen to be accurately reproduced, despite the high noise content of the experimental 
signal.
Figure 5.31 shows the suspension roll angle response to the step manoeuvre. Simulation and 
experimental results coincide well for the initial steady state and the overshoot peak, but there 
appears to be a small discrepancy ( approximately 10%) in the final steady state value, despite the 
high noise content. This seems to indicate an asymmetry in the handling characteristics of the test 
vehicle as there was no such steady state error in Test Case #3. Possible explanations for this 
include asymmetric compliance steer effects and eccentric loading of the test vehicle. It is not 
clear which of these is more likely and it is possible that both may have contributed.
5.6.4. Dynam ic  Handling  Conclusions
Two dynamic handling tests have been presented and comparisons have been made with 
simulation results for the vehicle speed, lateral, roll and yaw acceleration responses, and for the 
suspension roll angle response. Generally, the match between experimental and simulation results 
was good with clear reproduction of the main response features. The experimental results of Test 
Case #3 showed some high frequency oscillation which was not so well reproduced in simulation. 
This was thought to be due to inaccuracies in the estimation of suspension damping and tyre 
relaxation length. A small steady state error in the roll response of Test Case #4 was thought to 
be due to either eccentric vehicle loading or asymmetric suspension compliance.
The results have given confidence in the simulation parameters of vehicle mass, roll and yaw 
inertias, steering ratio, vehicle CG height and longitudinal position, and the suspension vertical 
and roll stiffnesses.
5.7. CONCLUSIONS
Comparisons between acquired experimental data and simulation results have been presented. 
Several tests were performed enabling the accuracy of the simulation to be assessed in the 
frequency domain, and in the time domain for both steady state and dynamic handling 
manoeuvres.
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Frequency domain analysis proved to be less useful than initially anticipated, due to an error in 
the simulation linearisation algorithm. However, good predictions were shown for the sprung 
mass bounce, pitch and roll resonant frequencies. The steady state handling results gave 
confidence in simulation parameters for the sprung mass, its CG height, the suspension roll 
stiffness and the roll centre locations. In addition, the dynamic handling results confirmed 
accurate values for the roll and yaw inertias, the steering ratio and the sprung mass CG position. 
The main discrepancies observed in the comparisons were attributed to estimations for the 
suspension damping and tyre relaxation length.
Although adjusting damping rates and tyre relaxation lengths would yield simulation results that 
would appear more accurate, the process of ‘tuning’ simulation parameters should be approached 
with great caution. All too often simulation parameters are blindly adjusted to yield responses 
which correlate more closely to relatively small samples of test data. It should be realised that a 
simulation will only ever give an approximation to the performance of the real system. Given the 
simplifying assumptions implemented within the model presented here, perfect reproduction of 
the system dynamics is not expected. Given that the discrepancies between experimental and 
simulation data were not that severe, it was thought better to leave the approximated parameters 
unadjusted and bear in mind the possible implications upon accuracy that the parameters may 
have.
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Figure 5.4 Experimental frequency response results Figure 5.5 Simulation frequency response for
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Figure 5.6 Experimental frequency response results Figure 5.7 Simulation frequency response for pitch 
for pitch mode excitation. mode excitation.
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5.8 Lateral acceleration as a function of Figure 5.9 Roll acceleration as a function o f vehicle 
speed during steady state testing - Test speed during steady state testing - Test Case #1.





Figure 5.10 Yaw acceleration as a function of





Figure 5.11 Front left ride height variation as a 
function of lateral acceleration during steady state 
testing - Test Case #1.
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Figure 5.12 Front right ride height variation as a 
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Figure 5.13 Suspension roll angle as a function of
lateral acceleration during steady state testing - Test 
Case #1.
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Figure 5.14 Lateral acceleration as a function of
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Figure 5.16 Yaw acceleration as a function of 











Figure 5.17 Front left ride height variation as a 
function o f lateral acceleration during steady state 
testing - Test Case #2.
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Figure 5.20 Steering wheel angle measured during Figure 5.21 Vehicle forward velocity measured 
dynamic testing - Test Case #3. during dynamic testing - Test Case #3.
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Figure 5.22 Lateral acceleration measured during Figure 5.23 Yaw acceleration measured during 
dynamic testing - Test Case #3. dynamic testing - Test Case #3.
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Figure 5.24 Roll acceleration measured during Figure 5.25 Suspension roll angle measured during 
dynamic testing - Test Case #3. dynamic testing - Test Case #3.
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Figure 5.26 Steering wheel angle measured during 









Figure 5.27 Vehicle forward velocity measured 
during dynamic testing - Test Case #4.
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Figure 5.28 Lateral acceleration measured during Figure 5.29 Yaw acceleration measured during 
dynamic testing - Test Case #4. dynamic testing - Test Case #4.







Figure 5.30 Roll acceleration measured during 












Figure 5.31 Suspension roll angle measured during 
dynamic testing - Test Case #4.
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6. C o m p u te r  A ided  Design  o f  a  Ro ll  C o n tr o l  
S u s p e n s io n  S ystem
6.1. INTRODUCTION
The basic requirements for the successful design of an active roll control system have already 
been presented and discussed in Chapter 3. The content of this chapter focuses on the computer 
aided component selection process undertaken prior to the construction of the prototype test 
vehicle system.
The selection process involved the mathematical modelling of several key components in order to 
examine their performance suitability through computer simulation. Specifically, new models 
were developed for the front and rear suspensions, detailed modelling of the proposed pressure 
compensated pump was undertaken in order to assess dynamic performance, and a new driver 
controller model was designed so that the most commonly executed experimental test procedures 
could be recreated in simulation.
Finally, the new models were used in conjunction with the existing vehicle, hydraulic and control 
components to finalise the design of the active anti-roll system. This involved the selection of 
hydraulic actuators, anti-roll bar geometries and materials, and the various hydraulic components 
needed for successful system operation.
6.2. FRONT SUSPENSION ACTIVE ROLL CONTROL MODELLING
6.2.1. In tro du c tio n
The basic form of the front anti-roll suspension mechanism was established following the 
investigation presented in Chapter 3. The next stage of development involved the mathematical 
modelling of the anti-roll mechanism in order that specific geometric quantities could be 
established. By employing a model that took account of physical geometry it was possible to 
finalise the mechanism dimensions via simulation, enabling a working prototype to then be 
constructed.
As with the existing vehicle simulation models, a modelling philosophy was adopted where the 
system under investigation was represented by a model with the minimum of complexity 
necessary to produce results falling within an acceptable level of accuracy. It was also desirable, 
from a modelling point of view, to break down the suspension into a series of sub-systems. The 
anti-roll mechanism therefore consisted of two models; a general suspension model representing 
the springs, dampers and anti-roll bar, and a separate hydraulic actuator model. The actuator
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model was based upon the existing BATH/5? actuator (HAOO) with an additional information 
output port which transferred actuator displacement to a control circuit. Spring and damper 
modelling was based upon the existing passive suspension model (HA11) and a new subroutine 
was included for modelling of the active anti-roll mechanism.
The simplest method for modelling the system would have been to linearise the relationship 
between actuator displacement and anti-roll moment generation at the actuator mid-stroke 
operating point. This would have provided a simple linear relationship between actuator 
displacement and active anti-roll moment. However, in light of the non-linear behaviour of the 
front anti-roll mechanism due to linkage kinematics, this was deemed unsuitable. A more 
accurate modelling method was therefore adopted.
The anti-roll system was represented as a series of mechanical linkages. Each link was assumed 
to have a negligible degree of flexure and was assumed to be rigid. The transverse section of the 
anti-roll bar (to be loaded in torsion) was taken to have a constant torsional stiffness. All pin 
joints were assumed to be ideal with no backlash or friction effects. The mounting bushes 
attaching the torsion bar to the vehicle body were taken to be perfectly rigid and without 
hysteresis. This particular simplification was adopted since no information was available 
regarding the stiffness of the bushes. By careful design and selection of bush material it was 
envisaged that this modelling simplification would result in little or no detriment to the 
performance of the system.
6.2.2. M athem atical  M odelling
The information flow between adjacent models was examined before any mathematical equations 
were derived for the active anti-roll subroutine. Figure 6.1 shows how the various sub­
components of the suspension model communicate with adjacent models. It is seen that the active 
anti-roll subroutine receives displacement values from the sprung mass, unsprung mass and 
hydraulic actuator and returns values of force to each. The objective of the mathematical model 
was thus to calculate the anti-roll mechanism forces for a given set of suspension displacements.
The geometry of the front active anti-roll system is illustrated in Figures 6.2-6.3. Figure 6.2 
shows the anti-roll bar crank arm, drop link, suspension swing arm and wheel hub at two separate 
operating points; one at the jounce metal-to-metal contact position and the other at some arbitrary 
displacement. The drop link lower pivot vertical deflection relative to the fixed transverse section 
of the anti-roll bar at metal-to-metal contact is given by considering the ride heights, rh, at the 
metal-to-metal and design conditions, the drop link position at the design condition, and the 
swing arm lever ratio:
Design and Development of an Active Roll Control Suspension Page 97
School of Mechanical Engineering University o f Bath
K „  =  K ,  +  (rhmm ~  rK ,  ) • j  (6-D
The drop link vertical deflection from the metal-to-metal position is then calculated using the 
suspension top and bottom end displacements, zt and zb, respectively. These parameters are 
passed to the suspension model from the adjoining sprung and unsprung mass models.
Z = (z l-zb  + rhmm) - ^ j  (6.2)
Finally, the vertical position of the drop link relative to the fixed transverse section of the anti­
roll bar is given:
h = hmm- Z  (6.3)
Figure 6.3 shows the detailed geometries and relative positions of the actuator and crank arm. 
The bottom end of the crank arm was attached to the transverse length of the anti-roll bar and was 
therefore fixed in space by the presence of the mounting bushes. The bottom end of the actuator 
was pin jointed to the suspension tie rod and assumed to move through a vertical path during 
suspension deflection.
The vertical displacement of the suspension and the extension-retraction of the actuator may be 
related to the degree of twist applied to the anti-roll bar. If s represents the actuator total stroke 
length, x  the actuator displacement from mid-stroke and Amiet the actuator length at mid-stroke, 
then lengths A and C are evaluated as:
A = 4 * + l * - f l  <6A)
C = ylh2 + d 2 (6.5)
By considering the crank arm length, B, it is possible to obtain the internal angles a , y and p 
through use of the sine and cosine mles:
a  = cos 1r B 2 + C 2 - A
2 BC
7 =  sin 1^ C sin (a )^
(6.6)
(6.7)
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j 5 - n - a - y  (6.8)
The additional angles \|/, £ and 0 may now be evaluated;
V  = (6.9)
f  =  t a n - ' ^ j  (6.10)
d = a - £  (6.11)
Assuming that the linkages on both sides of the anti-roll bar are symmetrical at the design 
condition (ie the drop link is the same length as the actuator at mid-stroke), then the above 
procedure may be undertaken for both sides of the anti-roll bar to give the total amount of 
torsional wind-up. If 0i and 02 represent the angles 0 on the right and left hand sides of the 
vehicle respectively, then anti-roll bar wind-up is given by;
0 = 0 , - 02 (6.12)
The torque in the anti-roll bar is calculated by combining the wind-up angle and the bar torsional 
stiffness:
T  = k<j) (6.13)
This torque may then be related to the actuator loading:
(6J4 )
Thus, the actuator force may be calculated and passed to the adjoining actuator model. The anti- 
roll bar torque may be further manipulated to calculate the force transmitted to the wheel:
_  T  sin(/? + £)
Fwh“‘ B -c o s ( y )  U a
(6.15)
This force was exported to the sprung and unsprung mass models together with the suspension 
spring and damper forces.
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6.3. REAR SUSPENSION ACTIVE ROLL CONTROL MODELLING
6.3.1. Introduction
As with the front anti-roll mechanism, the basic design of the rear system was established 
following the investigation presented in Chapter 3. In terms of the modelling philosophy adopted, 
several similarities exist between the front and rear suspensions: The rear active-anti roll 
mechanism was considered as two separate sub-systems; the mechanical system of the bar and 
linkages and the hydraulic actuator to which the crank arms were attached. The same enhanced 
version of the standard BATHfp actuator model was used for the rear suspension analysis.
The rear anti-roll linkages also produced a non-linear relationship between the actuator 
displacement and the anti-roll moment generated at the wheels. Modelling the kinematics of the 
linkage mechanisms was therefore undertaken. As with the front suspension, all links were 
assumed to be perfectly rigid and the twisting section of the bar was modelled as having a simple 
torsional stiffness. Bush compliance effects were neglected.
Some additional rear suspension modelling was required in order to account for the roll centre 
location of the solid axle. The existing BATH/p suspension models used the instantaneous force 
roll centre method, as presented by Dixon (1987), and were suitable only for independent 
suspensions. By observing the kinematics of the rigid axle and Panhard rod it was possible to 
locate the roll centre through consideration of the instantaneous centres of rotation. A detailed 
description follows.
6.3.2. Mathem atical  M odelling
Information flow between the rear suspension and its adjacent models was identical to that of the 
front suspension (see Figure 6.1). The model accepts values of suspension top and bottom end 
displacement from the sprung and unsprung mass models and also a value of rod extension from 
the anti-roll actuator. In return, the model must supply an anti-roll bar suspension force to the 
sprang and unsprung masses and a rod force to the hydraulic actuator model.
The geometry of the rear anti-roll mechanism is illustrated in Figures 6.4-6.7. Figure 6.4 shows 
the rear actuator mounted beneath the central crank arms of the anti-roll bar. The dimensions hmid 
and Amid are defined when the actuator is at its mid-stroke position and the two crank arms are 
both horizontal. The lengths B and C are thus determined:
(6.16)
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C = B (6.17)
The angle a  may be determined at the mid-stroke position through the cosine rule:
« mW= C0S
-l ' B 2 + C 2 - A 2mi^  
2BC
(6.18)
The changing dimension A is calculated by considering the actuator stroke length, s, and the 
actuator displacement from mid-stroke, x. a  is then calculated so that h may be resolved.
A =  Kn +
sx ---- (6.19)




h = Bcos\(!) (6.21)
Figure 6.5 shows the position of the drop links relative to the track of the rear axle and Figure 6.6 
shows the anti-roll bar end crank arm and drop link in detail. The vertical deflection of the drop 
link relative to the anti-roll bar axis, A, is calculated in a similar way to the front suspension 
system (refer back to Figure 6.2), the only difference being the lever ratio between wheel and 
drop link movement. The value of h at metal-to-metal contact is thus given by:
h« n = ^ 1 + (rhnm- r h dts}
t — la> 
t y
(6.22)
The deflections Z and h are then given by:
Z  = ( z t - z b  + rhmm)- (— t
t - l a ^
(6.23)
h = h — Z (6.24)
The drop link bottom end is assumed to move through a vertical path as the wheel is deflected. 
The dimension P is therefore taken to be constant and Q may be calculated as;
q = 4 J F + P (6.25)
Design and Development of an Active Roll Control Suspension Page 101
School o f Mechanical Engineering University o f Bath
With the linkage lengths S and L  constant, the internal angles fi, X and e are calculated using the 
cosine and sine rules:
\X = cos -l
r S 2 + L2 - Q 2^ 
2 SL
(6.26)
A = sin -l
2 s in (^ )
(6.27)
E - K ~ [ L - X (6.28)
Finally, the external angle 0 is given using the tan relationship between h and P:
6 = ta iT 'f— (6-29)
The total amount of twist in the anti-roll bar comprises components due to right and left wheel 
movements and deflection of the anti-roll actuator. If 0j and 02 represent the angles 0 on the right 
and left hand sides of the axle respectively, and the actuator induced twist is given by cc-ctmid, 
then total bar wind-up is given by:
(6.30)
The total twist is related to anti-roll bar torque via torsional stiffness:
T  = k'(f> (6.31)
The effective lever arm length h is then used to give the actuator loading:
F  = —act 7h
(6.32)
By considering the bar end crank arm and drop link geometry it is also possible to relate the anti- 
roll bar torque to the anti-roll vertical force applied at the wheel:
T  sin(0 + e) f t - l a  
wheel ~  ~S sin(;r -  fi)  V ~t
(6.33)
Fact and Fwhee[ are subsequently exported to the adjacent sprung mass, unsprung mass and 
hydraulic actuator models.
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6.3.3. Ro ll  Centre Location
The instantaneous roll centre of a solid axle with a Panhard rod lateral locator is usually taken to 
be at the mid-point of the rod (Puhn, 1976 and Heisler, 1989). This can be seen through 
examination of the diagram in Figure 6.7. Instantaneous motion of the body relative to the axle, at 
a point coincident with the pivot joint between the body and the rod, will be perpendicular to the 
longitudinal axis of the rod. Instantaneous motion of the vehicle body in general will therefore 
centre around some point along the axis of the rod. If the mounted angle of the rod relative to the 
horizontal is small then it follows that it may be approximated as being parallel to the horizontal. 
In this condition the motions of the body for positive and negative roll angles will be 
symmetrical. For this reason the instantaneous centre of rotation is taken to be at the mid-point of 
the rod.
Equations may then be derived for the vertical and lateral displacement of the roll centre. 
Referring to Figure 6.7, the quantities ly, uy and t are known fixed parameters and zt and zb are 
passed to the suspension model from the adjoining sprung and unsprung mass models. The 
absolute vertical displacements of the top and bottom rod pivots are thus calculated:
, , , , tydesfo2“ ^ l )lz = Iz&s + zb2   -----------  (6.34)
. . uydes(zt2 - z t , )  
uz -  uZfa + ztx--------------------- (6.35)
The known Panhard rod length, Ipr, is then used to calculate lateral displacement of the roll 
centre relative to the vehicle centreline:
yrc = l y ^ W - ^ ~ li )1- f-  (6.36,
The absolute vertical displacement, zhrc, is then calculated enabling the z-displacement of the 
roll centre below the mean eyebrow plane to be established:
zhrc = (6.37)
zrc = zhrc — +ztl (6.38)
Finally, the tangents of the instantaneous tyre path curves are calculated:
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trc,= 'l2 ~>rC h (6.39)
zby -  zhrc -  zuh
t f l  + yrc .n.
trc2  ----------------------- (6.40)
zb0 -  zhrc -  zuh
These two tangent projections are then simultaneously solved to give the location of the 
instantaneous roll centre.
6.4. PRESSURE COMPENSATED PUMP MODELLING
6.4.1. Introduction
The pump used for the anti-roll suspension was supplied by Vickers Systems Ltd. and was a 
seven cylinder pressure compensated axial piston type (see Figure 6.8). The pistons are supported 
on a pivoted swash plate the position of which is controlled by an actuator and returning control 
springs. The swash control actuator supply pressure is regulated by a compensator control valve, 
the cracking pressure of which corresponds to the working pressure of the pump. When the 
supply port pressure approaches that set by the compensator control valve spool spring pre-load, 
the control valve delivers flow to the swash control actuator which de-swashes the pump against 
the force of the concentric control springs. A pump flow response time of 50 ms is claimed by the 
manufacturer (Vickers Systems Ltd., 1991) and consequently it was envisaged that the pump 
could be installed without the need for a system accumulator. However, in order to assess the 
possible effects that the pump dynamic response may have on the performance of the anti-roll 
system it was decided that the pump should be modelled and included within the simulation.
The steady state pressure-flow characteristic of the pump is shown in Figure 6.9. The most basic 
modelling approach would have been to adopt this ideal characteristic with flow varying linearly 
between 97-100% rated pressure. This, however, would have excluded the influence of important 
dynamic effects. Alternatively, a simple first or second order transfer function could have been 
incorporated into the pump displacement response;
—  (S) = 2 ^  ------- 2 (6-41)
Dss s2+2£a)ns + co2n
This would have enabled a degree of overshoot and oscillation to be included within the model. 
However, the dynamic characteristics of the pump will be strongly dependent upon the driving 
speed. For the application in question, the driving speed varies considerably throughout the 
engine speed range and consequently an alternative modelling method was necessary.
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A modular approach was adopted where the pump was represented by three separate sub-models; 
a compensator control valve, a swash plate actuation system and a pumping mechanism. This 
approach enabled each component to be modelled in detail thus giving an accurate representation 
of the pump’s dynamic performance. The mathematical modelling of each sub-component is 
described in the following sections.
6.4.2. Mathem atical Modelling
(i) Compensator control valve.
The compensator control valve is a three port spool type with spring return as shown in 
Figure 6.10. The pressures acting on the spool include the pump supply pressure, Ps, the case 
pressure, Pc, and the swash plate actuator pressure, Pa. As the force from the supply pressure 
approaches the cracking pressure set by the spring pre-load, a flow path opens between Ps and Pa. 
This action sends high pressure flow to the swash plate actuator which tends to de-swash the
The spool was modelled as a mass (including a proportion of the spring mass) with various forces 
acting upon it. The compensator control valve model receives pressure information from adjacent 
pipe models and returns values for flow. A Newtonian equation was first derived for the 
acceleration of the spool;
where As represents the spool cross-sectional area, Fpre is the spring pre-load, k is the spring 
stiffness, Ff  is the valve opening flow force, Fc and Fs are coulomb and stiction forces 
respectively and c is a speed dependent friction coefficient. Values for As, Fpre, k, Fc, Fs and c are 
defined by the user and remain constant. Flow force was derived by considering the rate of 
change of fluid momentum as it passed through the valve opening;
where p  is the fluid density, Q is the flow rate through the valve opening, V is the fluid velocity 
and 0 is the angle of the fluid velocity vector through the opening (taken to be 69° for square 
lands). The orifice equation is taken as;
cylinders.
(6.42)
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where Cq represents the flow coefficient, Aop is the valve opening area and AP is the pressure 
drop across the valve opening. A velocity term, V, may be substituted into the above equation:





By substituting Equations 6.45 and 6.46 into Equation 6.43, the flow force is re-written as:
Ff =  2Ct AopA P cose (6.47)
The valve opening area, Aop, was calculated by considering half of the control port opening, as 
illustrated in Figure 6.11. With R representing the orifice radius, xop the valve opening, xc the 
valve opening measured from the orifice centreline and yc the lateral component of the vector R, 
the following relationships are established:
x , = x op- R (6.48)
(6.49)
If an element of opening area is defined as;
dA = yc dxc
= J r 2 - x 2 dxc
(6.50)
then the total valve opening area is given by:




+ x cJ R 2 - x 2 + R 2 sin 'I —  2  cM I R
(6.51)
The spool flow force is calculated by substituting Equation 6.51 into Equation 6.47. Spool 
acceleration is then calculated using Equation 6.42 and the result passed to the simulation 
integrator as a state variable. The integrator returns spool velocity which is similarly treated as a
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state variable in order to obtain spool displacement. Equation 6.42 is thus solved and flows are 
calculated using Equation 6.44.
(ii) Swash plate actuation system.
The basic construction of the swash plate actuation system is shown in Figure 6.12. The swash 
actuator control pressure, Pa, is regulated by the compensator control valve and moves the 
actuator piston against the case pressure, Pc, and the force of the return spring.
Pressures are calculated in the adjacent pipe models and flow rates are returned together with a 
value of pump displacement for the pumping mechanism model. The total mass of the system 
includes proportions of the piston, return spring, guide, swash plate, cylinders and cylinder fluid 
masses. A Newtonian equation for the system acceleration was defined;
where Aa represents the actuator area, Fpre the spring pre-load, k the spring stiffness, Fc and F, are
acceleration is treated as a state variable and is integrated once to give velocity and again to give 
displacement. The speed dependent friction, stiction and spring force terms are thus evaluated. 
Piston flow rates are then calculated using;
and the pump displacement is calculated by considering the maximum capacity, Dmax, and the 
position of the piston, x, relative to its maximum displacement position, xmax:
The calculated value of pump displacement is then passed to the pumping mechanism model.
(iii) Pumping mechanism.
The pumping mechanism model has to communicate with the inlet and outlet flow pipe models,
receives pressure values and supplies flow rate. Driving speed is taken from the motor model and 
torque is returned. Finally, a value for pump displacement is taken from the swash plate actuator 
model.
(6.52)
coulomb friction and stiction terms and c is a speed dependent fiction coefficient. The actuator
(6.53)
D = D rmax
max J
(6.54)
the swash plate actuation system and the driving motor. For each of the hydraulic connections it
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Since the objective of the pump modelling process was to recreate in simulation the dynamic 
performance of the pump, and not to accurately represent the flow and pressure losses incurred, 
simple ideal relationships for torque-pressure and speed-flow characteristics were implemented:
Q = DO) (6.55)
T = D(Pout - P j )  (6-56)
6.4.3. M odel  Validation
Model validation was possible due to the availability of parametric and step response data from 
the pump manufacturer. Figure 6.13 shows the pump model supplying a pressure response test 
circuit, as used in the experimental tests. Several operating speeds were used and by switching 
the solenoid valve it was possible to vary pump flow between 5% and 90% of the rated flow.
The parametric data supplied included component masses, spring stiffness and pre-loads, limits 
of travel, valve and piston diameters and limits of valve opening. The unknown parameters 
included the coulomb friction, stiction and speed dependent friction coefficients for the control 
valve and actuator, and some circuit pipe lengths, diameters and pipe materials. Initially, all 
coulomb friction and stiction terms were assumed to be negligible and estimates were made for 
the speed dependent friction coefficients. The coefficient for the control valve was set to 10 Nsm* 
1 and a higher value of 500 Nsm'1 was used for the actuator to account for the associated
movement of the pistons within the cylinders. Unknown pipe lengths were assumed to be similar
to known lengths and internal diameters were set to correspond with the pump delivery port size. 
All pipes were assumed to be constmcted from flexible hose.
Full details of all response tests are given in the report by Hickson (1994), the main points of 
which are summarised in Table 6.1 below.
5% - 90% Row Step
Speed
Response time (s) Pressure overshoot (bar)
Test BATHfp % error Test BATH fp % error
50% 0.046 0.047 2.0 1650 1650 0.0
75% 0.038 0.031 18.4 1600 1300 18.8
100% 0.038 0.023 39.5 1800 1150 36.1
Table 6.1 - Simulation validation for step response.
It is seen that errors are small at low speed, becoming larger as 100% rated speed is approached. 
The error figures for response time and overshoot never exceed 40% and considering the number 
of estimated parameters this was thought to be acceptable. A further investigation showed the
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dynamic response to be particularly sensitive to changes in piston damping coefficient, pipe 
volume and pipe material. This further reinforced the belief that the simulation results were as 
good as could be expected considering the number of estimated parameters.
6.5. DRIVER CONTROLLER MODELLING
6.5.1. Introduction
The purpose of a driver controller is to supply values of steer angle, driving torque and braking 
torque to the vehicle body model. Two existing driver models were available for use; an open 
loop driver model (DRIV1) which accepted inputs of driving torque, braking torque, and steer 
angle and passed them directly to the vehicle model, and a closed loop controller (DRIV2) used 
for recreating steer pad tests. This controller accepts inputs of desired turn radius and driving 
torque and attempts to keep the vehicle on a constant radius, at the same time applying the 
accelerating torque. The model achieves this through closed loop PID control of the steer angle.
The requirement for a new driver controller (DRTV5) arose from the need to simulate manoeuvres 
performed on the test vehicle. These manoeuvres included steady state constant steer angle tests 
and dynamic step steer tests performed at constant speed. In each case it was possible to pass 
steer angle directly to the vehicle body model, but some form of closed loop speed control was 
required.
6.5.2. M athem atical  Modelling
The objectives of the model were two-fold; firstly to pass an input of steer angle directly to the 
vehicle body model and secondly, with an input of desired vehicle speed, to control the 
application of driving and braking torque to match the desired speed. The most basic controller 
would comprise a forward path proportional gain term in a closed loop negative feedback circuit. 
Integral and differential gain terms were also considered. Generally, the inclusion of a differential 
gain term improves transient response whereas an integral gain term can reduce steady state error. 
Since rapid changes in vehicle speed were not anticipated it was thought that a differential gain 
term would be unnecessary.
With vehicle speed represented by U and the controller speed demand represented by Udem, the 
proportional speed error, Ep, is given by;
E ' - U ^ - U  (6.57)
If integral speed error, £,, is treated as a state variable then the state derivative is defined as:
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E = E p (6.58)
This state derivative is passed to the simulation integrator and E{ is returned. If the proportional 
and integral gain terms of the controller are represented by kp and kh then vehicle driving torque 
may be expressed as:
Td =kpEp +kiEi (6.59)
6.6. COMPONENT SELECTION
Having compiled and validated all of the new vehicle models it was possible to progress to the 
component selection stage. Firstly, consideration was given to the desired lateral load transfer 
distribution (LLTD) and the maximum anti-roll moments required from the front and rear 
suspensions.
It was decided that the LLTD of the active system should be similar to that of the passive vehicle. 
This would maintain a satisfactory level of understeer and ensure that no drastic changes in 
handling characteristic would occur following a system failure. The desired LLTD of the active 
vehicle was ascertained by examination of the passive vehicle’s roll stiffness distribution. Values 
measured from the test vehicle were verified by Campbell’s case study (1980) and a front-to-rear 
LLTD of 58:42 was found.
A roll cancellation design limit corresponding to a lateral acceleration loading of 0.5g was 
established in Chapter 3. In order to find the roll moment experienced at this condition, the 
passive car was simulated in a steady state cornering manoeuvre. The total suspension linkage 
roll moment at 0.5g lateral acceleration was measured as 1974 Nm. In order to cancel roll, this
must be reacted by the anti-roll system and proportioned to the front and rear axles as detailed
above.
To recap on the active roll control requirements established in Chapter 3, any increase in passive 
roll stiffness should be minimised, stresses within the anti-roll bar should not be beyond the 
working limits of any suitable material, front and rear actuator areas must be balanced, and it is 
desirable to keep the actuators small in order to save on cost, weight and space. A supply 
pressure of 160 bar was assumed since this represented the working limit of candidate actuators 
and was within the range of operation of the pump.
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6.6.1. Front Actuator  and  Lever M echanism
Both front and rear suspension systems were investigated using the simulation circuit shown in 
Figure 6.14. The purpose of the circuit was to enable the steady state anti-roll moment to be 
monitored as the pressure difference across the actuator was varied. The suspension was 
connected to two test models which take the place of the sprung and unsprung masses. The test 
models supply the suspension with user defined sprung and unsprung mass vertical 
displacements. The circuit thus enables the effect of varying actuator size, anti-roll bar stiffness 
and linkage geometry on the pressure-moment characteristics and suspension roll stiffness to be 
investigated.
Very stringent design constraints existed for the front mechanism where space restrictions were 
significant. The design of the front system was thus investigated prior to that of the rear. The less 
constrained rear system would subsequently be configured to balance with the anti-roll 
characteristics of the front mechanism. The iterative process used in ascertaining the front 
actautor specification and lever geometries is detailed below.
1. Anti-roll bar torsional stiffness and linkage geometries are balanced to give a required 
suspension roll stiffness.
2. Consider maximum passive body roll during a limit cornering manoeuvre. Calculate the 
maximum anti-roll bar shear stress and select a suitable material. I f  a suitable material is not 
available then return to Step 1.
3. Considering the maximum supply pressure, select the actuator piston area, rod area and lever 
ratios necessary to generate the required anti-roll moment.
4. Check that the actuator diameter can be accommodated within the test vehicle. I f  the actuator 
diameter is too large then return to Step 3.
5. Considering the lever ratios, the anti-roll bar stiffness and the degree of twist required to 
generate the necessary anti-roll moment, select a suitable actuator stroke length.
6. Check that the actuator length can be accommodated within the vehicle structure. I f  the 
actuator length is too large then return to Step 3. For repeated failure return to Step I.
7. Consider the maximum bar twist scenario of maximum actuator displacement and maximum 
wheel bump. Calculate the maximum anti-roll bar shear stress and check that a suitable 
material is available. I f  a suitable material is not available then return to Step 3. For repeated 
failure return to Step I.
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6.6.2. Rear Actuator  and  Lever  M echanism
With the front suspension pressure-moment characteristic and roll stiffness known it was then 
possible to investigate rear suspension geometry necessary for an appropriate balance. The 
iterative design process is described below.
1. Anti-roll bar torsional stiffness and linkage geometries are balanced to give a required 
suspension roll stiffness.
2. Consider the maximum passive body roll during a limit cornering manoeuvre. Calculate the 
maximum anti-roll bar shear stress and select a suitable material. I f  a suitable material is not 
available then return to Step 1.
3. Considering the front suspension pressure-moment characteristic, the required LLTD and the 
front actuator area ratio, select appropriate lever lengths and actuator areas. I f  an actuator is 
not available with the same area ratio as the front actuator then return to Step 1.
4. Check that LLTD is constant over the ±0.5g lateral acceleration operating range. I f  the 
distribution is not constant then return to Step 3. For repeated problems return to Step 1. I f  no 
suitable combination o f stiffness, lever ratio and actuator area is available then the front anti­
roll geometry must be re-designed.
The final pressure-moment characteristics for the front and rear systems are shown in 
Figure 6.15. Over the ±0.5g range of operation the front-to-rear anti-roll moment distribution 
varies between 62:38 and 59:41. This was considered close enough to the desired 58:42 to be 
acceptable. The required total anti-roll moment to react ±0.5g loading is successfully generated 
for both actuator extension and retraction.
6.6.3. Pressure  Com pensated  Pump
The system pump was selected by examining flow, pressure and response time requirements. 
Maximum flow was found by considering the vehicle in a severe lane change manoeuvre. It was 
thought that 1.5s was the minimum time in which a lane change manoeuvre could be executed. 
This time interval thus represents the period of oscillation for the actuators during the manoeuvre. 
The flow requirement was found by considering the actuator displacement, x :
x = xsin(fflf) (6.60)
This may be differentiated to give actuator velocity;
x  = coX cos (ax) (6.61)
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and from this the maximum flow requirement was found by considering the product of peak 
velocity and actuator area, A :
Q = caXA (6.62)
This exercise was repeated for the front and rear actuators and the total maximum flow 
requirement was found to be 11.21/min. The pressure limit of the pump under consideration was 
200 bar; safely adequate for this application. A pump was subsequently selected (PV3-022) 
which satisfied the above flow requirement. A final investigation was performed in order to 
ascertain whether or not a system accumulator would be necessary.
Figure 6.16 shows the simulation circuit used in the pump investigation. The components of the 
pump are connected to a simple roll control suspension system where control demand is taken 
from a body mounted accelerometer and feedback is provided by displacement of the rear 
suspension actuator. A component of yaw acceleration was included in the accelerometer signal, 
as if the accelerometer were mounted forward of the vehicle CG, in order to improve the dynamic 
response of the system. The proportion of this yaw component is discussed more fully in 
Chapter 8. The forward path gain of the control circuit is determined by breaking the controller 
feedback loop and examining open loop stability of the system. The simulation circuit is 
linearised by defining the accelerometer demand signal as the system input and the rear actuator 
displacement signal as the output. Small perturbations are then taken about the input in order to 
generate the system state space transfer function. This was subsequently examined in MATLAB 
and a basic stability criteria was applied to both gain and phase margins in order to determine a 
suitable forward path gain.
In order to investigate the performance of the pump, instantaneous 90° step steer manoeuvres 
were performed at a constant vehicle velocity of 10 m/s. Separate tests were conducted with the 
pump operating at 2000 rpm and then 3000 rpm in order to examine the effect of varying engine 
drive speed. Body roll response was then compared with results from a simulation using an ideal 
instantaneous pressure source. Figure 6.17 shows that with the pump running at 2000 rpm there is 
a marked increase in roll overshoot compared to the ideal case. With the pump running at 
3000 rpm this increase in overshoot is no longer apparent.
It was concluded that the pump drive should be geared such that the flow requirement of 
Equation 6.55 and the speed requirement of the above investigation should be satisfied during 
dynamic cornering manoeuvres.
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6.6.4. Pro po rtio nal  D irectional  Control  Valve
The valve installed within the test vehicle was a Vickers single stage open loop proportional 
directional control valve. The smallest valve capable of supplying the maximum demand flow of
11.21/min was the KDG4V-3-07NC, giving a pressure drop of 12 bar at this flow rate. The next 
smallest valve was not capable of delivering the flow demand due to the power limits of the 
design. The above valve was therefore selected with closed centre porting and integral control 
electronics.
6.6.5. P iping
From the point of view of response time it was desirable to minimise the volume of fluid between 
the control valve and the suspension actuators. This was achieved by selecting an efficient path 
for the pipe runs and also by minimising the bore diameters of the pipes. The hydraulic circuit 
shown in Figure 6.18 was used to assess the response of the actuation system with varying pipe 
diameters. The input signal was set to represent a ramp lateral acceleration demand of 0-5 m/s2 
over a 0.5s period. Actuator displacement was monitored to judge system response. Figures 6.19 
and 6.20 show the displacements of the front and rear actuators for various pipe diameters 
following the ramp demand. Firstly, it is seen that the front actuator response is more sensitive to 
the changing pipe diameter in comparison to the rear and this is due to the actuators larger bore, 
stroke and associated flow demand. As the diameter approaches 6mm there is little change to the 
system dynamic response. An internal diameter of 6mm was therefore taken as being optimal for 
a small system volume with good dynamic response.
6.6.6. Ancillary  C om ponents
Additional components fitted to the system included the fluid reservoir, filter, pressure relief 
valve and two additional solenoid valves. The purpose of the solenoid valves was to enable 
instantaneous comparison of the passive and active suspension systems. The valves were 
mounted to the A and B ports of the proportional valve such that energising the solenoids would 
open flow paths linking ports A and B to the system tank. This function was operated by an 
electronic circuit which simultaneously disengaged the demand signal to the proportional valve. 
With this disabling system in operation the control valve remained in its closed centre position 
and the active anti-roll bars gave no resistance to body roll moments, effectively rendering the 
suspension passive.
Design and Development o f an Active Roll Control Suspension Page 114
School of Mechanical Engineering University o f Bath
6.7. CONCLUSIONS
Following the basic design requirements outlined in Chapter 3, the detailed selection of active 
suspension components has been undertaken. New suspension models were developed and used 
in simulation to predict the behaviour of the prototype system. The front and rear suspensions 
were kinematically modelled as multi-link systems in order that the dimensions of the finalised 
designs could be established. By considering the desired lateral load transfer distribution and 
maximum roll moment to be reacted by the system, it was possible to develop suitable geometries 
for the front and rear anti-roll devices.
Detailed modelling of the proposed system pump enabled the dynamic performance of the 
actuation system to be evaluated. Simulation results concluded that the response of the pressure 
compensated pump was sufficiently rapid to preclude the need for a system accumulator. The 
system control valve was selected by considering the maximum flow requirement during a severe 
slalom manoeuvre. Similarly, the actuator piping bore sizes were optimised to keep system 
volume to a minimum while avoiding significant restriction to fluid flow.
Finally, some additional electro-hydraulic components were included to disable of the anti-roll 
devices. This enabled rapid comparisons to be made between the active and passive vehicles, 
with results taken from both modes of operation under identical test conditions.
Details of the finalised suspension geometry and component specifications are given in 
Appendix A, ‘Simulation Parametric Data’.
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Crank arm
Figure 6.3 Front actuator and lever mechanism geometry.
Actuator crank arm
Actuator
Figure 6.4 Rear actuator mounting geometry.
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Figure 6.5 Rear suspension geometry.
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Figure 6.6 Rear suspension lever arm geometry.
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Figure 6.8 Axial piston pump construction.
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Figure 6.11 Control valve orifice opening.
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Figure 6.12 Swash plate actuation system.
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Figure 6.13 Pressure response test circuit.
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Figure 6.15 Active anti-roll moment distribution.
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Figure 6.17 Body roll response following a step steer manoeuvre 
with various pressure sources
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Figure 6.19 Front actuator response to step demand Figure 6.20 Rear actuator response to step demand 
with varying pipe bore diameters. with varying pipe bore diameters.
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7 . A c t iv e  V e h ic l e  R id e  a n d  H a n d l in g  In v e s t ig a t io n
7.1. INTRODUCTION
In this chapter a detailed description of the prototype roll control suspension and its subsequent 
installation on the experimental test vehicle are presented.
Various tests were performed on the newly commissioned active vehicle in order to assess the 
performance of the roll control system. Initially, tests were carried out on the stationary vehicle to 
enable simple analysis of the active anti-roll moment distribution. Quasi steady state constant 
steer angle handling tests were then performed in order to assess steady state performance and 
finally dynamic step steer manoeuvres were executed so that dynamic response could be 
examined.
The results from these tests are presented together with discussion and comments on correlation 
with simulation. Finally, conclusions are given on the overall system performance and the 
suitability of the simulation tool for further development and analysis of the roll control system.
7.2. INSTALLATION DESCRIPTION
7.2.1. Active  Roll  Control  Com ponents
The major components of the roll control suspension system are shown in Figures 7.1-7.4. 
Figure 7.1 shows an overview of the engine compartment where the majority of the components 
are located. Figure 7.2 shows the Vickers proportional valve and additional solenoid relief valves 
used for enabling and disabling the active system. Figure 7.3 illustrates the front anti-roll actuator 
and system pump fitted with stub axle assembly. The rear active anti-roll bar, linear actuator and 
displacement transducer are shown in Figure 7.4.
7.2.2. A dd itio n a l  Instrumentation  and  Data  Acquisition
In order to monitor the performance of the active system some additional instrumentation was 
fitted to the test vehicle. This consisted of two linear hybrid track displacement transducers, one 
fitted to each of the two anti-roll actuators. As with much of the existing instrumentation, the 
signals from these devices were amplified and conditioned with two-pole low pass Butterworth 
filters set to a cut-off frequency of 20 Hz. The conditioned signals were sampled using the digital 
data acquisition equipment described in Chapter 4.
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7.2.3. Analogue  Control  C ircuit
The task of the system controller was to vary the applied active anti-roll moment (approximately 
proportional to actuator displacement feedback) in response to a measurement indicating 
manoeuvre induced body roll moment (demand), the resulting error signal being passed to the 
proportional directional control valve. The sources of measurement and the relationship between 
demand, feedback and error were first examined before deciding upon a particular controller 
type.
Since the relationship between the active actuator displacement and the applied anti-roll moment 
was approximately linear, it was assumed that the actuator displacement could be taken as a 
reliable source of system feedback. Manoeuvre induced suspension linkage roll moment is 
approximately proportional to lateral acceleration in the steady state and includes a proportion of 
yaw acceleration in the dynamic phase. The total roll moment applied to the vehicle body by the 
front and rear axle linkages is therefore approximately proportional to the sum of lateral 
acceleration and a component of yaw acceleration. The control system demand signal was 
therefore taken from the front body mounted accelerometer (see Figure 7.5), as this measured 
components of both lateral and yaw acceleration. Since, at this early stage, it was unclear whether 
the inclusion of roll acceleration would be beneficial or detrimental to system performance, the 
controlling accelerometer was mounted at a point coincident with the vehicle roll axis, thus 
minimising the measured component of roll acceleration.
The relationship between the measured demand and desired feedback signals was to be one of 
simple direct proportionality. A basic analogue proportional controller was therefore thought to 
be adequate for investigating the performance and potential of the roll control system.
Following the installation of the hydraulic components, instrumentation and system controller, 
numerous tests were performed on the vehicle in order to evaluate performance. Firstly, 
stationary tests were conducted where an electrical demand signal was manually applied to the 
controller. Displacement of the front and rear actuators together with body roll angle were 
monitored so that the front and rear anti-roll moment generation could be examined. Secondly, 
quasi steady state moving tests were conducted in order to check the controller gain settings and 
to examine steady state performance limitations. Finally, dynamic step steer tests were performed 
so that the dynamic response of the system could be observed. The results from each of these 
tests are presented in the following sections.
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7.3. STATIONARY PERFORMANCE
7.3.1. T esting  M ethod
Stationary vehicle tests were performed in order to check the basic steady state performance of 
the newly commissioned active system. They were conducted with the engine running at idling 
speed and with the output from the controlling accelerometer replaced by a manually variable 
voltage supply. By varying the voltage it was possible to extend and retract the active actuators 
and thus manually induce body roll. By acquiring data for actautor displacement and body roll 
angle it was possible to examine the balance between front and rear actuator displacements and 
also observe the maximum roll cancellation potential of the system.
The maximum manually induced roll angle required of the active system differs from the 
manoeuvre induced roll angle of the passive vehicle at the design limit of 0.5g lateral loading. 
This phenomenon is due to the deflection of the suspension springs which occurs during the 
stationary tests, but not during normal manoeuvring of the active vehicle. A relationship may, 
however, be established between the roll angles of the two test cases.
Figures 7.6 and 7.7 show two suspended blocks, the latter having a levelling device fitted. The 
linear motion of the block when acted on by the force, F, is analogous to the rolling motion of a 
vehicle body when acted on by a suspension linkage roll moment. Figure 7.6 represents the forces 
and deflections of the passively suspended block (or vehicle) when undergoing a given loading,
F, (or roll moment at 0.5g lateral loading). The deflection (or roll angle) of the block due to this
manoeuvre induced force is defined as x=xman and the following expression is defined:
F = K X man C7*1)
Figure 7.7 represents the same block (or vehicle) with the same force, F, acting upon it, but here 
there is no change in x  due to the deflection of the stabilising actuator, ya, and associated actuator 
spring, karb. This is analogous to the roll cancelling effect of the active vehicle due to actuator 
displacement and anti-roll bar stiffness. The force, F, is thus reacted:
F = karbya (7*2)
Equations 7.1 and 7.2 may be equated to give;
= Krtya C7-3)
which in turn may be rearranged to give the actuator displacement for the given loading, F:
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ya=T~Xn™ (7-4)
Krb
Now consider the case of the actuator being displaced through the same distance, ya, with no 
external force applied (F=0). This is analogous to the stationary testing of the active vehicle by 
forcible extension of the anti-roll actuators. During the stationary test the block is deflected (or 
rolled) through displacement xstat. The force equilibrium between the stabiliser and the main 
spring, ks, is given by:
Krb(y. +X„a,) = - k,X (7-5)
This may be rearranged to give an expression for actuator displacement:
( 7 . 6 )
K *
If the actuator displacements, ya, for the manoeuvring and stationary tests are taken to be equal
(ie the actuator displacement required to react 0.5g lateral loading), then Equations 7.4 and 7.6
can be combined and rearranged to give the relationship between the two block deflections (or 




The relationship between these two deflections is analogous to that of the roll angles measured on 
the manoeuvring and stationary vehicles. It is seen that the roll angle of the passive vehicle at 
0.5g lateral loading will be greater than the roll angle recorded in the stationary tests, even with 
the actuators displaced to a position that would react all body roll moment during manoeuvring.
It is known from previously recorded steady state data (Figures 5.13 and 5.19, Chapter 5) that at 
0.5g lateral loading the passive vehicle rolls through approximately 2.3°. Values for the 
suspension and anti-roll bar roll stiffnesses are known from the previously established simulation 
parameters and the manually induced roll angle expected in the stationary tests is thus given by:




x 2.3 = 1.47°
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7.3.2. T est Results  and  D iscussion
The results from the stationary roll tests are given in Figures 7.8 and 7.9. There are two key areas 
of interest to be examined in the plots; firstly the maximum roll angles achieved and secondly the 
relative displacement characteristics of the front and rear actuators. For the cases of actuator 
extension and retraction the maximum roll angles are -1.3° and 1.4°, respectively. When 
compared to the desired roll angles of ±1.47° as given by Equation 7.8, it is seen that in terms of 
overall roll cancellation the system is underachieving by approximately 12%.
When the relative motions of the two actuators are examined it is apparent that the front actuator 
consistently reaches its end stop before the rear. During extension the front actuator reached the 
end of its stroke at -0.9° roll and in retraction the end stop was reached at 0.8° roll. Some 
explanation was required since the expected trend was for the two actuators to reach their end 
stops at approximately the same time.
Several simplifications and assumptions applied in the simulation process were suspected as 
possible causes of error. These included the neglect of anti-roll bar bush compliance and 
suspension element and chassis flexibility. The first of these possibilities was thought to be a 
major contributing factor. Also under consideration was the possibility of errors in the geometry 
of manufactured components, for example the anti-roll bars and associated linkages. Examination 
of the installation revealed that, with one exception, all of the suspension parameters shown in 
Figures 6.2-6.7 (Chapter 6) were as expected to within ±5%. The outstanding parameter was the 
value for h (shown in Figure 6.4) which, due to errors in the manufacture of the rear anti-roll bar 
sections, was measured as 30mm instead of the desired 40mm.
The reduction in parameter h effectively increased the stiffness of the pressure to anti-roll 
moment characteristic at the rear axle. For this reason the pressure demand at the rear actuator is 
increased and the front actuator inevitably reaches its end stop first. It was concluded that the 
error in parameter h was by far the most likely cause of the actuator displacement imbalance.
7.3.3. Sta tio nary  T est Conclusions
From the results presented it was concluded that the system showed the potential for roll 
cancellation up to a lateral acceleration loading marginally below the desired 0.5g limit. 
However, it was thought that the performance limit of the commissioned system was quite 
adequate for demonstrating the function of such a system.
The actuator displacement imbalance would have implications on the handling characteristics of 
the vehicle. Due to the lag of the rear actuator there would be an increased level of understeer
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within the operating range as the front actuator moved within the limits of its end stops. Once the 
lateral loading corresponding to the front actuator end stop position was exceeded there would be 
a gradual decrease in the understeer characteristic as the rear actuator continued to move, 
gradually proportioning more of the anti-roll moment to the rear axle. At the 0.5g limit condition 
the handling characteristic of the vehicle would be that of slight understeer.
Although the changing handling characteristic was undesirable it was concluded that the benefits 
gained in re-manufacturing the rear anti-roll bar components would be far outweighed by the 
additional cost and time penalties associated with doing so. It was thought that, in terms of 
discrepancies between the test and simulation results, the imbalance would at worst cause a slight 
non-linear trend between the actuator displacement and the generated active anti-roll moment. 
This would be echoed in the steady state handling results and could be taken into account 
accordingly.
The newly commissioned system was thus considered suitable for use in steady state and 
dynamic handling tests.
7.4. STEADY STATE HANDLING PERFORMANCE
Results are presented from two constant steer angle quasi steady state tests, Test Case #1 and 
Test Case #2. Test Case #1 was a clockwise steady state test where the steering angle was kept at 
a constant +360°, and Test Case #2 was an anti-clockwise test for which steering was steadily 
maintained at -270°.
7.4.1. T est  Case  #1 - Stead y  State  Handling
The results from Test C ase#l are presented in Figures 7.10-7.14. Figure 7.10 shows the 
simulation and experimental variation of lateral acceleration as a function of vehicle speed. As 
with the passive results presented in Chapter 5, the simulation tends to over-predict lateral 
acceleration within the speed range 4<m<8 m/s. Again, this error is most likely to stem from the 
tyre models where only a limited amount of test data is used to predict dynamic behaviour. It 
should be noted that this discrepancy is not critical since it is the correct modelling of the body 
response to suspension forces that is of prime interest. The accurate prediction of lateral forces 
for any given speed and steering condition is of less importance in these studies.
Figures 7.11 and 7.12 show roll and yaw accelerations as functions of vehicle speed. In both 
cases the acceleration levels are low, confirming the quasi steady state nature of the test. The 
correlation between experimental and simulation results is good.
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Figure 7.13 shows experimental results for suspension roll angle as a function of lateral 
acceleration. Body roll is virtually eliminated over the lateral acceleration range 0-3.5 m/s2. It is 
within this range that both the front and rear actuators are extending. In the lateral acceleration 
range 3.5-4.5 m/s2 there is a gradual introduction of suspension roll. This is due to the front 
actuator having reached its end stop, leaving the rear actuator to generate all of the additional 
anti-roll moment. Beyond 4.5 m/s2 the rear actuator reaches its end stop, no further roll 
cancellation moment is generated and the vehicle body continues to roll at an increased rate.
Figure 7.14 shows the comparison between experimental and simulation results for the active 
vehicle and also for the simulated passive vehicle during an identical manoeuvre. The active 
vehicle simulation results show almost total roll cancellation up to and beyond 0.5g lateral 
loading. Differences between experimental and simulation results are attributed to the actuator 
imbalance on the experimental vehicle and the exclusion of anti-roll mechanism compliance in 
the simulation model. The comparison between active and passive roll response is quite dramatic 
with body roll of the experimental vehicle being reduced by over 80% in comparison with the 
simulated passive response.
7.4.2. T est  Case  #2 - Steady  State  Handling
The results from Test Case #2 are presented in Figures 7.15-7.19. Figure 7.15 shows the 
simulation and experimental results for lateral acceleration against vehicle speed. As with Test 
C ase#l, there is some separation between the experimental and simulation characteristics over 
the speed range 4<«<8 m/s which is attributed to the assumptions of the simplified tyre 
modelling.
Figures 7.16 and 7.17 show roll and yaw accelerations as functions of vehicle speed. All 
acceleration levels are low and there is good correlation between experimental and simulation 
results. The test has been performed at a sufficiently low longitudinal acceleration rate to qualify 
as being quasi steady state.
Figure 7.18 shows suspensions roll angle and lateral acceleration results acquired from the 
experimental vehicle. Excellent roll cancellation is achieved in the lateral acceleration range 0-
3.5 m/s2 as both front and rear actuators extend in parallel over this range. Between 3.5 and
4.5 m/s2 there is a gradual increase in suspension roll angle as the front actuator stroke is 
exhausted. Beyond 4.5 m/s2 the rear actuator also saturates and roll increases at a more rapid rate 
due to the limitation of anti-roll moment generation.
Figure 7.19 shows the same experimental results plotted alongside simulation output from active 
and passive vehicles undergoing the same manoeuvre. Firstly, the simulation of the active vehicle
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appears to roll slightly into the turn. This is explained by the slightly non-linear relationship 
between actuator displacement and anti-roll moment generation, resulting in small amounts of 
steady state roll over the ±0.5g lateral loading operating range. The simulation gains were 
selected to give zero body roll at a +0.3g steady state lateral loading. Hence, when lateral loading 
deviates far from this operating point, for example up towards -0.5g, then small amounts of body 
roll (<j><0.2°) occur.
The simulation results for the passive vehicle response are also seen in Figure 7.19. As with Test 
C ase#l, there is a dramatic reduction in body roll with the active system in operation; at -0.5g 
lateral loading the active vehicle roll is reduced by over 80% in comparison with the passive 
simulation.
7.4.3. Stea d y  State  Perform ance  Conclusions
Two quasi steady state handling tests have been presented for the prototype active vehicle. For 
positive and negative turns roll cancellation is successfully achieved within the lateral 
acceleration range ±3.5 m/s2. An error in the manufacture of the rear anti-roll bar elements has 
resulted in premature saturation of the front anti-roll actuator and consequently small amounts of 
body roll occur within the lateral acceleration range 3.5-4.5 m/s2. The system generates its 
maximum anti-roll moment at a lateral loading of 4.5 m/s2. Although this is 0.5 m/s2 short of the 
original design requirement, it is still at a level rarely reached during normal driving. Throughout 
the required operating range, body roll is consistently reduced by over 80% in comparison with 
the passive vehicle and never exceeds ±0.5°. It is concluded that steady state roll cancellation is 
quite adequately achieved for both positive and negative turns.
7.5. DYNAMIC HANDLING PERFORMANCE
Results are presented from two constant speed step steer dynamic manoeuvres; Test Case #3 in 
which a clockwise step steer was executed and Test Case #4 where an anti-clockwise turn was 
performed. The results from each test are discussed in turn.
7.5.1. T est Case #3 - Dynam ic  Handling
The results from Test Case #3 are shown in Figures 7.20-7.24. The step steer manoeuvre was 
performed at a constant speed of 6.5 m/s while the steering angle was ramped through 120° over 
a 0.3 second period, as shown in Figure 7.20. The simulation was performed using experimental 
steering data and consequently the two curves of Figure 7.20 coincide.
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The simulated and measured values for lateral acceleration are presented in Figure 7.21. The 
initial overshoot peak is matched well by the simulation and only a small degree of road noise is 
present. Following the initial transient there is some disagreement between the oscillations of the 
theoretical and experimental responses. Possible causes for such a mismatch would include an 
incorrectly modelled sprung mass or inertia, and inaccuracies in various tyre parameters. Errors 
in the values for mass and inertia are unlikely since these parameters were provided by the 
vehicle manufacturer. The most likely source of error is the simplified tyre models. This 
disagreement is of little importance since it is the initial overshoot of the transient phase that is of 
greatest interest.
There is also some discrepancy between the steady state lateral acceleration values. This error 
was traced to a gradual decrease in the speed of the test vehicle during the manoeuvre. Speed was 
assumed constant for the simulation and so a higher steady state lateral acceleration was 
achieved. Since good agreement was found between experimental and simulation results for the 
passive vehicle (Chapter 5) and for the anti-clockwise active test (Test Case #4, presented later) it 
was thought unnecessary to reproduce the test with a more constant speed.
Yaw acceleration is shown in Figure 7.22. The initial transient correlates well and there is little 
difference between the experimental and simulation results for the peak overshoot value. In the 
steady state, both curves settle to 0 m/s2, as expected. As with the passive vehicle results, there is 
some difference in the prediction of the yaw acceleration period of oscillation; generally the 
simulation gives results with too low a resonant frequency. This difference was assumed to be 
due to the simplifying assumptions used in the tyre model.
The results for roll acceleration are shown in Figure 7.23. All values are greatly reduced in 
comparison with those from the passive vehicle (refer to Figure 5.24, Chapter 5) and 
consequently road noise plays a far more dominant role in the recorded signal. The presence of 
such high levels of noise makes it difficult to find points of comparison between the experimental 
and simulation results. However, it is seen that the magnitude of the simulation peaks are 
generally slightly lower than those recorded from the test vehicle. This occurrence was also 
found with the passive vehicle where the cause was attributed to too low an estimation for roll 
damping. This explanation still holds true for the active vehicle test results. Finally, for both 
simulation and experimental results, steady state roll acceleration tends towards 0 m/s2.
Curves for suspension roll angle are presented in Figure 7.24. In addition to the comparison 
between experimental and simulation results for the active vehicle, the response of the simulated 
passive vehicle following an identical manoeuvre is included. The most striking feature of this 
plot is the drastic reduction in suspension roll angle that has taken place with the active system in
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operation. As with the case of roll acceleration, the attenuation of body roll results in an 
increased dominance of road noise making comparisons between simulation and experimental 
results difficult. However, it may be argued that when compared to the simulation prediction, the 
experimental results show a large degree of roll overshoot immediately following the step 
manoeuvre and this may be attributed to the exclusion of anti-roll bar compliance from the 
simulation model. In summary, operation of the anti-roll device has resulted in body roll 
displacement being reduced by over 80% in comparison with the response of the passively 
suspended vehicle.
7.5.2. T est  Case  #4 - Dynam ic  Handling
The results from Test Case #4 are shown in Figures 7.25-7.29. The step steer manoeuvre was 
performed at a constant speed of 7.5 m/s while the steering angle was ramped through -120° over 
a 0.4 second period, as shown in Figure 7.25.
Figure 7.26 shows the lateral acceleration response of the vehicle following the step manoeuvre. 
There is a small amount of under-prediction for the transient peak immediately following the 
step, a problem also experienced during the simulation of the passive vehicle. As with many of 
the response discrepancies, this was attributed to simplified tyre modelling incorrectly predicting 
the dynamic response of the vehicle. Correlation of the steady state lateral acceleration is 
excellent.
The yaw acceleration response is shown in Figure 7.27. The simulation shows slight under- 
prediction of the peak magnitudes which is expected following the underestimation of lateral 
acceleration overshoot. The general correlation between experimental and simulation results is 
good with steady state levels tending towards 0 rad/s2, as anticipated.
Roll acceleration curves are given in Figure 7.28. The signal to noise ratio of the experimental 
measurement is poor due to the presence of road noise and the reduced rolling motion of the 
active vehicle. The peak magnitudes of the experimental results are generally larger than those 
from simulation, most likely due to the exclusion of anti-roll mechanism compliance in the 
simulation model. Considering the high levels of noise present in the experimental measurement, 
the comparison with simulation results was thought to be as good as could be expected.
The vehicle roll displacement response following the step manoeuvre is presented in Figure 7.29. 
The response of a simulated passive vehicle following an identical manoeuvre is included for the 
purposes of comparison. The most noticeable discrepancy between experimental and simulation 
results for the active vehicle is in the roll response immediately following the steering step. The 
simulation shows the vehicle rolling slightly into the turn whereas the experimental results show
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the vehicle body rolling away from the turn before finally settling near zero roll in the steady 
state. The presence of this experimental overshoot was unexpected since the system dynamic 
response to positive turns (Test Case #3) appeared to be excellent.
One possible explanation centred around the operating speed of the engine driven pump. The test 
vehicle was fitted with a continuously variable automatic transmission which would tend to 
reduce engine drive speed considerably during level driving at constant speed. Since the step 
steer tests were performed on level ground and at constant speed it was quite feasible that engine 
speeds as low as 1800 rpm may have been encountered during the manoeuvres. The pump 
displacement and drive ratio had been selected assuming a pump driving speed of 3000 rpm. It 
would therefore seem highly likely that a reduced pump driving speed may have been the cause 
of the problem. It was assumed that the addition of an accumulator into the hydraulic circuit 
would eliminate this problem.
In the steady state the suspension roll angle of the active vehicle was reduced by over 80% in 
comparison with the passive response.
7.5.3. Dyn a m ic  Perform ance  Conclusions
Dynamic response results have been presented for two constant speed step steer manoeuvres; one 
clockwise and one anti-clockwise. Results for lateral, roll and yaw acceleration have correlated 
well with simulation prediction, confirming that the test manoeuvres were modelled accurately. 
The roll displacement of the active vehicle following the positive step turn was shown to be 
drastically reduced in comparison with the passive vehicle. In the case of the negative turn, there 
was some degree of roll overshoot before final elimination of roll in the steady state. This 
occurrence was attributed to exceptionally low engine speeds, brought about by the continuously 
variable transmission demanding low engine torque during constant speed testing. It was thought 
that the likelihood of this problem occurring in a vehicle with manual transmission would be 
remote and in any event, the addition of a simple hydraulic accumulator would remedy the 
situation.
7.6. CONCLUSIONS
Steady state and dynamic test results have been presented showing the performance of the active 
vehicle and comparisons have been made with the passive vehicle response. Stationary active roll 
tests revealed a fault in the manufacture of the active anti-roll elements. Consequently, the 
performance of the prototype system slightly underachieved the requirements set out in the 
original design specification. However, the shortfall was not serious and a decision was made to 
proceed with vehicle testing without re-manufacture of the faulty components.
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The manufacturing error resulted in a reduced level of roll cancellation during steady state 
handling tests. Total roll cancellation was achieved within the lateral acceleration range 
±3.5 m/s2, beyond which a small amount of suspension roll occurred up to ±4.5 m/s2. It was 
assumed that, if the manufacturing error had been corrected, total roll cancellation would have 
been achieved up to ±5.0 m/s2.
Two dynamic step steer tests were conducted. The first showed excellent roll cancellation 
immediately following the step manoeuvre and also in the steady state. The second showed good 
steady state cancellation although some degree of roll overshoot occurred following the step 
demand. This was attributed to an insufficient pump driving speed, a problem stemming from the 
continuously variable automatic transmission used in the test vehicle. It was assumed that 
installation of a hydraulic accumulator would resolve this problem.
As with the prediction of the passive vehicle dynamic performance, many of the discrepancies 
found between experimental and simulation results were attributed to the performance of the tyre 
models. It should be noted that, in addition to the simplifying assumptions implemented within 
these models, tests have shown tyre forces to be greatly dependent upon largely unpredictable 
effects such as changes in road surface material (Dickison and Yardley, 1993). It is therefore 
expected that, to some extent, simulation results will not correlate perfectly with experimental 
data.
In addition to the quantitative results presented here, qualitative perceptions were noted by 
several subjects following use of the experimental vehicle in passive and then active modes of 
operation. Generally, a more rapid and stable yaw response is noticed by both the driver and 
passengers during operation of the active system. Also, the elimination of body roll is perceived 
as being beneficial in terms of comfort during dynamic manoeuvres.
In summary, the experimental test results have confirmed that the prototype roll control system 
functions successfully. Some problems were detected in the measured responses and suggestions 
have been put forward for corrective action. Successful operation of the system has indicated that 
the simulation tool used throughout the design stages has generated results of reliable quality. 
This renders the simulation tool suitable for further development of the active system.
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Figure 7.1 Active anti-roll system installation within the vehicle engine bay.
Figure 7.2 System proportional control valve and solenoid relief valves.
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Figure 7.3 Engine driven pump and front anti-roll actuator.
Figure 7.4 Rear anti-roll bar and active actuator.
Figure 7.5 Control circuit accelerometer mounted to the front bumper.
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Figure 7.6 Sprung mass force system analogous to a passively suspended vehicle.
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Figure 7.8 Results of stationary active roll Figure 7.9 Results of stationary active roll 
inducement test during actuator extension. inducement test during actuator retraction.
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8. System  Investig a tio n  a n d  O ptim isa tio n
8.1. INTRODUCTION
The work presented in this chapter focuses on further improvement of the active roll control 
suspension system. Previous results have shown the commissioned prototype to operate 
successfully in cancelling body roll for both steady state and dynamic manoeuvres. Validation of 
test data against BATH#? results has also shown the simulation model to predict vehicle 
behaviour to within a satisfactory degree of accuracy. Consequently, the simulation tool may be 
used with confidence for further development of the roll control system.
The investigation commences by examining the impact of vehicle dynamic response on control 
system stability. Subsequently, studies into various valve bandwidths, system pressures, valve 
deadbands, valve porting arrangements and basic system controllers are presented. Finally, 
conclusions are presented on the viability and potential of the active roll control system.
8.2. STABILITY
8.2.1. Backg ro und  on Accelerom eter  Based  Control
In previous sections it has been explained that an accelerometer based controller presents a cost 
effective and road surface insensitive means of system control. It is for this reason that a single 
laterally sensitive accelerometer has been used as the controller demand sensor for all of the 
simulation and experimental results presented in this study.
In addition to the pure lateral acceleration measured by a single body mounted accelerometer it is 
possible, by varying the vertical and longitudinal position of the transducer, to measure 
components of roll and yaw acceleration. The component of yaw acceleration is dependent upon 
the longitudinal offset of the transducer relative to the vehicle centre of gravity and the 
component of roll acceleration is dependent upon the vertical offset of the transducer relative to 
the kinematic roll axis of the sprung mass.
Before the benefits and limitations of introducing yaw and roll acceleration components are 
discussed it is important to gain an understanding of the closed loop nature of active roll control 
since this will influence both stability and dynamic performance.
8.2.2. A ctive  V ehicle  S im ulation  C ircuit
The simulation circuits used for stability investigations were based on that shown in Figure 8.1. 
The vehicle was equipped with the roll control actuation system and proportions of lateral, yaw
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and roll acceleration were combined to give an overall measured acceleration. As with the 
experimental test vehicle, a supply pressure of 160 bar was assumed and a proportional valve 
bandwidth of 10 Hz was defined.
The forward path gain was established by linearising an open loop version of the simulation 
circuit and applying basic stability criteria. Figure 8.2 shows the isolated actuation system with 
the feedback loop broken. This circuit was linearised using the BATH/p linear analysis tool 
(Tilley, 1995) with demand to the valve designated as a system input and actuator displacement 
feedback as a system output. A basic stability criteria for gain and phase margins (Gm>3 and 
0m>45°) was subsequently applied to the linearised circuit in MATLAB (1992) in order to derive 
an appropriate forward path gain. Typical step response results for the linearised and non-linear 
circuits are shown in Figure 8.3.
8.2.3. C losed  Loop Vehicle  Representation
Although it is possible to derive transfer functions relating the influence of roll and yaw 
acceleration components within the demand signal to vehicle roll response, the task is by no 
means straightforward due to the complex interaction between vehicle handling dynamics and the 
response of the anti-roll actuation system. Figure 8.4 shows a block diagram for a vehicle with an 
accelerometer based roll control suspension. There is a closed loop action between the 
measurement of body accelerations for system demand and the resulting body motions due to the 
roll control system response. If a controlling accelerometer is to be implemented measuring 
components of lateral, yaw and roll acceleration, then some understanding should be gained of 
the relative stability margins for each of these quantities.
Figure 8.5 shows a rearranged block diagram representation of the active vehicle. From this 
diagram is was possible to break the feedback path, thus forming an open loop vehicle circuit for 
which stability margins could be investigated. This representation was implemented within the 
simulation circuit shown in Figure 8.6. The measured acceleration feedback loop was removed 
from the circuit enabling the open loop response between the controller input and the body 
acceleration outputs to be analysed. The circuit was linearised and the stability margins examined 
in MATLAB. Simulations were performed at several vehicle speeds in order to investigate the 
impact of varying tyre lateral response characteristics.
8.2.4. L inear  An alysis  Sta bility  Results
It should be noted that all values for phase and gain margins assume a unity gain applied to the 
lateral, yaw and roll accelerations, ie as though the accelerometer were positioned lm  forward of 
the vehicle CG and lm  below the kinematic roll axis. This is due to the direct measurement of
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yaw and roll accelerations in defining the system outputs. The stability of these quantities may 
thus be improved by reducing these effective accelerometer offsets. The results presented 
therefore only provide a guide to the relative stability of lateral, yaw and roll acceleration 
measurement.
Bode plots for the open loop response of lateral, yaw and roll acceleration are given in 
Figures 8.7-8.10. In addition, the gain and phase margins for each curve are summarised in 
Tables 8.1 and 8.2 below.
Vehicle speed: 20 m/s 10 m/s 2 m/s 1 m/s
Lateral acceleration 101.8 dB 107.2 dB 107.2 dB 88.08 dB
Yaw acceleration 24.76 dB 25 dB 18.79 dB 20.53 dB
Roll acceleration -0.7871 dB -0.6865 dB -3.218 dB -4.368 dB
Table 8.1 Gain margins for acceleration stability.
Vehicle speed: 20 m/s 10 m/s 2 m/s 1 m/s
Lateral acceleration oo OO OO OO
Yaw acceleration oo oo oo oo
Roll acceleration 103.9° 86.4° 40.7° 30.74°
Table 8.2 Phase margins for acceleration stability.
The results for lateral acceleration show high stability throughout the range of speeds tested. 
There is a small reduction in stability at the lowest speed and this may be attributed to the 
reduced time constant of the tyres speed dependent lateral force response. At very low speeds it is 
possible that the lateral resonance of the vehicle on the tyre lateral stiffness will coincide with the 
sprung mass roll resonant frequency. This would account for the apparent reduction in stability as 
speed is reduced.
The gain and phase margins for yaw acceleration also show no sign of violating the stability 
criteria (Gm>3 and (j>m>45°). It should be noted, however, that since a unity gain of lm  was 
assumed for the analysis, positioning of the accelerometer at a longitudinal displacement less 
than lm  forward of the vehicle CG would result in a more stable response. An investigation into 
optimising the measured component of yaw acceleration is presented later in this chapter.
The roll acceleration results are shown to consistently violate the gain margin criteria and also 
the phase margin criteria at lower speeds. The analysis assumed a unity roll gain of lm, therefore 
if a component of roll acceleration was to be included in the measured signal then a kinematic 
roll axis offset substantially less than lm  would be required.
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The decrease in stability with vehicle speed is attributed to the lateral and roll resonance of the 
vehicle mass on the lateral stiffness of the tyres exciting the roll resonance of the sprung mass on 
the suspension. This phenomenon was noted during the frequency domain testing of the passive 
vehicle as presented in Chapter 4 and was also been experienced during similar testing performed 
by Williams, Best and Crawford (1993).
System stability is thus far more sensitive to body roll than either lateral or yaw motions. A 
thorough investigation of the benefits gained by including some component of roll acceleration is 
presented later in this chapter.
8.3. LONGITUDINAL POSITIONING OF THE CONTROLLING ACCELEROMETER
8.3.1. Yaw  A c c e le ra tio n  Requirement
The need for including a component of yaw acceleration in the system demand signal comes 
about through the generation of suspension linkage roll moments during dynamic manoeuvring. 
During steady state manoeuvring the suspension linkage roll moment at a single axle is calculated
bars. During dynamic manoeuvring, such as the transient stage of a step steer manoeuvre, yaw 
acceleration is also dependent upon the suspension linkage roll moment.
8.3.2. Ya w  Acceleration  and  S uspension  L inkage  Roll Mo m ent
Figure 8.11 shows the two force roll centres of a vehicle, RCa and RCh (front and rear, 
respectively), together with the lateral linkage forces, F[ya and Fiyb. The total linkage roll moment, 
M/, is expressed as the sum of the front and rear axle roll moments;
from the product of the steady state force and the vertical distance between the sprung mass CG 
and the force roll centre. It is the suspension linkage roll moment which gives rise to body roll 
and that in turn is reacted by compression of the suspension springs and deflection of the anti-roll
Mi — Mla + Mlb (8.1)
where the roll moments, Mla and M[b, are taken as:
(8.2)
Mu> ~  FfybZrcsb (8.3)
Equations 8.2 and 8.3 are substituted into Equation 8.1 to give the following:
M[ PlyaZrcsa PlybZrcsb (8.4)
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The lateral and yaw accelerations of the vehicle may be written in terms of the applied forces:
(8.5)
(8.6)
Equations 8.5 and 8.6 may now be solved simultaneously to give expressions for F[ya and Fiyb:
(8.7)
msay=Flya+Flyb
^ lya a  ^ ?lyb ^
_ Izsayr
lya ~~ a + b
msayb +1Vav
lyb ~  7 7a + b
(8.8)
Equations 8.7 and 8.4 are then substituted into Equation 8.4 to give the expression;
»>f _  ^s^rcsa^ „ , z^s^ rcxa z^s^ rcsb „
~  i wv ' » Vfa+ b y a+ b  v
which in turn may be simplified by defining the constants Kj and K2\
—  K ^ d y  +  K ^ d y
K mX Zrcsab + Zrcsba)
1 a + b
(8.9)
*2 =





The values in Table 8.3 are taken from the test vehicle and substituted into Equations 8.11 
and 8.12 to give Kj and K2.
Parameter ms /„ a b Zrcsa Zrcsh
Value 867 kg 1305 kgm2 0.846 m 1.442 m -0.313 m -0.197 m
Table 8.3 Test vehicle parameters. 
Kx= - 234.2 Ns2
K2 = -66.16 Nszm
(8.13)
(8.14)
The ratio of K2/Kj thus gives the proportion of roll moment associated with yaw acceleration in 
comparison to lateral acceleration:
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= 0.282 m (8.15)
Ki
This directly translates to the longitudinal offset required of the accelerometer in order to 
generate a controller demand signal directly proportional to the total suspension linkage roll 
moment. This may be verified with a simple simulation.
Figure 8.12 shows a simulation circuit for a passively suspended vehicle with the ideal active roll 
control feature enabled. This feature generates a roll moment within the vehicle body model that 
is equal and opposite to that applied by the suspension linkages. The moment is applied to the 
vehicle body in a user defined front-rear proportion. The result is an ideal active system giving 
zero body roll with an instantaneous response.
The vehicle was driven at a constant speed of 2 m/s and a steering step input of +45° applied. The 
resulting lateral and yaw accelerations are shown in Figure 8.13 together with the suspension 
linkage roll moment in Figure 8.14. By applying gains Kj and K2 to the acceleration data, a 
prediction of the roll moment is generated. This is shown as a series of points in Figure 8.15 
alongside the measured values for suspension linkage roll moment.
It would appear that the accelerometer offset position defined by Equation 8.15 would give an 
ideal proportion of yaw acceleration for predicting the total suspension linkage roll moment. 
However, this approach has not accounted for the natural lag of the actuation system in 
responding to accelerometer demand. The following section illustrates how a larger proportion of 
yaw acceleration can provide further benefit in system response time.
8.3.3. Y a w  Com po nent  Determ ination  V ia  Full  V ehicle  S im ulation
For this investigation a simulation circuit similar to that presented in Figure 8.1 was used, the 
only difference being the omission of the roll acceleration component. The vehicle was driven at 
a steady speed of 10 m/s and a step input of +90° applied to the steering (resulting in a 0.3g 
steady state lateral acceleration). Plots of suspension roll angle for various longitudinal 
accelerometer offsets are given in Figure 8.16.
There are several points of interest in this graph. Firstly, all active roll angles are drastically 
reduced in comparison to those of the passive vehicle. Additional improvements are also possible 
over the response of the active vehicle with no component of yaw acceleration included in the 
accelerometer signal (offset=zero). This is demonstrated by the case of the theoretically derived 
offset of 0.282m, calculated from Equation 8.15.
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Due to the lag of the actuation system, additional benefit is gained from including a still larger 
component of yaw acceleration. During manoeuvres, yaw acceleration precedes the generation of 
lateral acceleration. This is demonstrated in Figure 8.13 where the yaw acceleration peak is seen 
to occur prior to that of the lateral acceleration. By including a larger component of yaw 
acceleration into the measured signal it is thus possible to improve the response of the actuation 
system. In Figure 8.16 two further cases are presented with accelerometer longitudinal offsets of 
0.6m and 1.2m forward of the vehicle CG. The response of the 0.6m case is less oscillatory than 
the 0.282m case indicating a faster system response, but the large proportion of yaw acceleration 
present in the 1.2m offset case has made the system oscillatory.
It should be noted that due to the fixed layout of a vehicle there will be physical limitations to the 
degree of yaw acceleration that can be sensed with a single accelerometer. Specifically, assuming 
that the longitudinal position of a vehicle CG is fixed within the body structure, the maximum 
yaw acceleration component which can be sensed is that where the accelerometer is placed at the 
forward most point on the vehicle, ie the front bumper. If this longitudinal offset does not provide 
a sufficiently large proportion of yaw acceleration then an additional laterally sensitive 
accelerometer may be used to separate the components of lateral and yaw acceleration. 
Alternatively, a yaw sensitive rotary accelerometer may be used.
It is concluded that whereas the analytical approach described above is capable of generating a 
demand signal in direct proportion to the applied linkage roll moment, the limited bandwidth of 
the actuation system results in a body roll overshoot prior to the steady state cancellation of body 
roll. By further enlargement of the measured component of yaw acceleration it is possible to 
further reduce the initial roll overshoot although too large a component of yaw acceleration may 
result in system instability.
8.4. VERTICAL POSITIONING OF THE CONTROLLING ACCELEROMETER
8.4.1. R o l l  A c c e le ra tio n  Requirem ent
It has been demonstrated in the previous section that the inclusion of yaw acceleration into the 
system demand signal can be beneficial in terms of system response. It has also been shown that 
due to the natural lag of the actuation system it is not possible to totally cancel body roll during 
dynamic manoeuvres using lateral and yaw acceleration measurements alone. In this section an 
investigation of including a component of body roll acceleration into the measured demand signal 
is presented.
A component of body roll acceleration can be measured by positioning the laterally sensitive 
accelerometer at some vertical offset from the suspension kinematic roll axis. At low frequency
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the kinematic roll axis will coincide with the force roll axis as the sprung mass rolls about the 
mechanical constraints imposed by the suspension linkage system. At higher frequency, however,, 
the kinematic roll axis tends to coincide with the sprung mass CG position as the body rolls about 
the compliance of the suspension bushes and tyres. When contemplating the kinematic roll axis 
offset of this system, it is the low frequency roll axis position that should be considered. The 
active roll control device is designed with a low bandwidth of response, incorporating low pass 
filtering within its controller. The system influences the roll mode of the sprung mass in response 
to manoeuvre induced body roll moments and does not respond to high frequency road 
disturbances. Thus, in terms of the actuation system frequency range of operation, the kinematic 
roll axis can be taken as coinciding with the instantaneous force roll axis.
Simple analysis shows that it is desirable to position the accelerometer at some point below the 
roll axis. Referring back to Figure 8.11, consider an accelerometer mounted below the roll axis, 
measuring positive acceleration in the y  direction. If the vehicle is subject to a steer input which 
generates a positive yaw angle, \j/, then positive lateral and yaw accelerations will occur. 
Assuming that there is some lag in the response of the anti-roll system then negative roll 
acceleration and a negative roll angle, <|>, will occur. By positioning the accelerometer below the 
roll axis the negative roll acceleration can be used to add to the measured demand signal, thus 
improving system response.
This is demonstrated in the experimental results presented in Figure 8.17. The experimental test 
vehicle, mounted on the road simulator rig, was subject to a road roll frequency sweep. Tests 
were conducted with the active system operating and with several vertical offsets of the demand 
accelerometer. The transfer function of Figure 8.17 relates body roll output displacement to road 
roll input displacement. No transducer calibration was performed and so the units of the plot 
should be ignored. However, the recorded results serve to provide a relative comparison for 
responses with different accelerometer positions. As the accelerometer is placed further below 
the body roll axis there is an increased level of roll attenuation at the sprung mass roll resonant 
frequency (approximately 1.7 Hz).
The impact of including a component of roll acceleration within the measured demand signal was 
examined in simulation in two ways. Firstly, the roll cancellation response of the system was 
investigated following step steer manoeuvres with varying accelerometer vertical offsets. 
Secondly, the system response to road disturbance inputs was analysed.
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8.4.2. Ro ll  Response  Follow ing  Dynam ic  Manoeuvres
An active vehicle simulation circuit similar to that of Figure 8.1 was used for the investigation. 
The vehicle was driven with a constant forward velocity of 10 m/s and a step input of +90° 
applied to the steering. A yaw acceleration gain of 0.6m was taken from the previous 
investigation. The body roll responses for various roll acceleration gains are shown in 
Figure 8.18.
The figure shows that body roll is reduced as the demand accelerometer is positioned further 
below the kinematic roll axis. Additionally, there is a gradual reduction in the frequency of roll 
response as the roll acceleration gain is increased. It should be noted that there are two physical 
limitations to the degree of roll acceleration that may be measured. Firstly, the vertical offset of 
the transducer is limited by the dimensions of the vehicle. If a level of roll acceleration is 
required that cannot be sensed due to the physical limitations of the vehicle then additional 
sensing devices may be necessary. Secondly, the use of roll acceleration as a demand signal for 
roll cancellation is ultimately limited by its very nature. Roll acceleration could never be used as 
a demand for total roll cancellation since doing so would eliminate the demand signal being 
measured. It can however be used with good effect to limit the degree of manoeuvre induced 
body roll.
8.4.3. Roll Response to  Road  D isturbances
The simulation circuit of Figure 8.19 was used to investigate body roll response to road input 
with varying degrees of roll acceleration gain. The vehicle was driven at a constant 10 m/s and a 
road roll ramp input applied. The road displacement input (positive for the left hand side of the 
vehicle, negative for the right) was of magnitude 10mm and ramped over a 0.02s period.
Figure 8.20 shows the body roll response following the road input. There is very little difference 
in the magnitude of the roll responses, the most noticeable feature of the plot being the reduced 
frequency of oscillation as the accelerometer is moved further below the roll axis. An additional 
simulation was performed to obtain frequency domain results. The BATH/p linear analysis tool 
was utilised by defining the road vertical velocity demand as the system input and suspension roll 
angle as the output.
Results from the linear analysis, together with results from a passively suspended vehicle, are 
presented in Figures 8.21 and again, over a narrower frequency range, in Figure 8.22. There are 
several points of interest. Firstly, due to the presence of the roll control system, at low frequency 
a greater attenuation of body roll is achieved by the active vehicles in comparison to the passive 
case. Secondly, a reduction in the roll resonant frequency is observed as the roll acceleration gain
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is increased, as was found in the previous tests. Finally, roll attenuation beyond the bandwidth of 
the actuation system (a 10 Hz control valve was used) is generally poorer for the active systems 
than for the passive vehicle. This is attributed to the additional roll stiffness imposed by the 
active anti-roll bars. It should be noted, however, that both passive and active simulation tests 
have used the same secondary suspension spring rates. In reality, the suspension spring rates of 
the active vehicle would almost certainly be reduced.
It has been demonstrated that including a component of roll acceleration into the system demand 
measurement can be beneficial in terms of reducing body roll overshoot during dynamic 
manoeuvres. In terms of the system response to road disturbance, including a large component of 
roll acceleration within the measured demand signal results in reduced ride comfort in 
comparison with the performance of the passive vehicle. An investigation into power 
requirement, presented later in this chapter, shows that system response to road roughness can be 
the cause of considerable power consumption. It is for this reason that the small benefits gained 
in dynamic roll cancellation through the introduction of roll acceleration measurement, as 
illustrated in Figure 8.18, are thought to be outweighed by the problems associated with system 
response to unwanted road noise. The author’s recommendation is, therefore, that the 
accelerometer be positioned as close to the low frequency kinematic roll axis as possible.
8.5. CONTROL VALVE BANDWIDTH INVESTIGATION
8.5.1. T he Req uirem ent  for Valve  Bandw idth  M in im isation
The need for a valve bandwidth investigation stems from the objective of minimising system cost. 
The proportional directional control valve represents one of the most expensive components in 
the roll control system. Reducing the bandwidth this component to a minimum reduces its cost 
and renders the overall system more commercially viable. The standard industrial valve used on 
the test vehicle possessed a bandwidth of 31 Hz, a dynamic performance far in excess of the 
needs of a roll control suspension. Through the use of simulation a range of valve bandwidths 
were investigated.
8.5.2. S im ulation  of  Valve  Bandw idth  Perform ance
The simulation circuit used for the investigation was similar to that shown in Figure 8.1, with the 
yaw and roll acceleration gains set to 0.6m and 0.0m, respectively. For each bandwidth 
considered an appropriate forward path gain was set in the control circuit. Gains were obtained 
using the linearised circuit shown of Figure 8.2 and by employing a basic stability criteria for
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gain and phase margins; Gm>3 and <j)m>30°. The results of gain determination for each bandwidth 
are shown in the Table 8.4 below.
Valve bandwidth (Hz) Gm Gain
31 3.0 45° 7.34
15 3.0
oo 5.22
10 3.0 35° 4.26
7 3.0 31° 3.33
5 3.0 30° 2.41
3 3.0 o o 1.31
1 3.0 33° 0.36
Table 8.4 Stability margins for valve bandwidth investigation.
For each individual bandwidth considered a simulation was performed with the vehicle driven at 
a constant speed of 10 m/s with a steer ramp input of 0-90° applied over a 0.5s period. Plots for 
suspension roll angle following the step steer manoeuvre are shown in Figures 8.23 and 8.24. 
Figure 8.23 has an additional response curve taken from the passive vehicle following an 
identical manoeuvre.
It is seen from Figure 8.23 that there is a significant difference in roll attenuation achieved with 
valve bandwidths in the range 1-5 Hz. When these responses are compared to the higher 
bandwidth responses of Figure 8.24 it is noticed that there is little benefit to be gained in 
increasing the valve bandwidth beyond 5 Hz. This simulation has thus demonstrated that a valve 
bandwidth of 5 Hz is quite adequate for this application; a bandwidth considerably less than that 
of the standard unit used in the test vehicle.
8.6. VALVE DEADBAND INVESTIGATION
8.6.1. Benefits  O ffered  by Valve  Deadband
During a typical cycle of operation the modem passenger vehicle spends the majority of its time 
being driven in a straight line over predominantly flat and smooth road surfaces. Only very rarely 
is a handling manoeuvre encountered where any form of roll cancellation is called for. A roll 
control suspension system has therefore the potential for low power requirement, provided that 
the system remains inoperative during straight line driving. Problems can however arise if the 
system is sufficiently sensitive so as to respond to the body accelerations induced by road noise. 
Such unwanted response can cause significant system power requirements, particularly if high 
system pressures are used. Supplementary problems include accelerated component wear and the 
presence of structure bome noise due to valve chatter.
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The introduction of low pass filtering into the system demand and feedback signals, and the use 
of a low bandwidth control valve can offer substantial benefits in terms of filtering out road noise 
disturbances. It is suggested that implementing some degree of valve deadband may offer 
additional filtering benefits. Simulations were conducted in order to investigate the filtering 
potential of valve deadband and also to observe the impact on dynamic roll cancellation.
8.6.2. R epeatable  Road  D isturbance  T esting
In order that reliable simulation studies could be conducted with different valve bandwidths, it 
was necessary to generate a repeatable road disturbance source. The frequency content of road 
surfaces has been the subject of many past studies (MIRA, 1970 and Dodds and Robson, 1973) 
and the work of Robson (1979), as presented by Guillon (1990), has given the following 
approximation to road surface mean square spectral density;
(8.16)
where Sy represents road surface vertical displacement mean square spectral density (m2s), /  is 
frequency (rad/s), k is the road roughness coefficient (mH) and U is vehicle speed (m/s). Values 
of k  and U for three different road surfaces are given in Table 8.5 below.
Parameter: ifc(m*) U (m/s)
Main road 0.5x10*6 31.11
Minor road 5.0X10*6 20.00
Rough road 30x1 O'6 13.33
Table 8.5 Road roughness parameters.
The mean square spectral density distribution for the three road surfaces are shown in 








Figure 8.26 gives the resulting road vertical displacement amplitudes as functions of frequency. 
The problem of incorporating this information into the BATH/p vehicle simulation was overcome 
by selecting displacement amplitudes at several discrete frequencies. By taking this approach it
Design and Development of an Active Roll Control Suspension Page 155
School o f Mechanical Engineering University o f Bath
was possible to use standard simulation sine wave generators for creating road surface 
information at discrete frequencies. Six different frequencies were chosen for the main road 
ranging from 0.1 Hz to 50 Hz. In this way a repeatable road representation was used to 
investigate system response with varying valve deadband.
The BATHfp vehicle model required road vertical motion to be defined in terms of velocity, 
rather than displacement, and so displacement amplitude at each frequency, Zr, was calculated 
using Equation 8.18 and then converted to road vertical velocity amplitude using the relationship;
Zr =6)Zr (8.19)
The results of the velocity amplitude calculation are given in Table 8.6 below. Each of the road 
frequencies and associated velocity amplitudes were assigned to a duty cycle model for road roll 
disturbance, as shown in the simulation circuit of Figure 8.27. The resulting road vertical 
displacement is given in Figure 8.28.
/(H z) co (rad/s) Zr (m) coZr (m/s)
0.1 0.2tt 0.107 0.067
0.5 k 0.032 0.101
1.0 2k 0.019 0.120
2.0 10k 0.006 0.179
10 20k 0.003 0.213
50 100k 0.001 0.317
Table 8.6 Road displacement and velocity amplitude ratios.
8.6.3. Pow er  Req uirem ents  During  Rough  Road  T esting
Valve deadbands of 0%, 5%, 10% and 15% were considered for the investigation, the results of 
which are shown in Figures 8.29-8.32. The suspension roll results of Figure 8.29 seem to suggest 
that there is little difference in system response for the four deadband cases considered. It is the 
exclusion of roll acceleration from the controller demand signal, due to accelerometer 
positioning, that is chiefly responsible for this occurrence. In fact, there is a considerable 
difference in the actuation system response for the various deadbands considered, as 
demonstrated by the actuator displacement plots of Figures 8.30 and 8.31. Although all of the 
displacements shown are small, the high pressure used to supply the hydraulic system gives rise 
to substantial differences in power requirement.
Figure 8.32 shows the system power requirements, calculated from the product of flow and 
pressure at the control valve supply port. The average power requirements, given in Table 8.7 
below, show that a considerable saving is achieved with valve deadbands of 10-15%.
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In order to establish whether or not such deadbands are severely detrimental to system response, 
dynamic roll cancellation manoeuvres were investigated.





Table 8.7 System power requirements with varying deadband.
8.6.4. Dyna m ic  Response  W ith Varying  Va lve  Deadband
An active vehicle simulation circuit, similar to that shown in Figure 8.1, was used to investigate 
vehicle response to dynamic manoeuvring with varying valve deadband. The vehicle was driven 
over a flat road surface at a constant speed of 10 m/s and a step input of +90° applied to the 
steering. The results of the simulation are presented in Figures 8.33-8.36.
Figure 8.33 shows the vehicle roll response during the manoeuvre. Firstly, it should be noted that 
the introduction of even a small deadband is sufficient to eliminate the oscillation seen in the zero 
deadband case, prior to the application of the steering step. Immediately following the step, the 
zero deadband case reacts by tilting the body into the bend before finally settling towards zero 
roll in steady state. For all other responses the vehicle body is seen to tilt out of the turn due to 
the valve opening delay imposed by the deadband. Following this motion there is an increased 
rebound in body roll with deadband present, again due to the delayed opening of the valve in 
response to body accelerations. Finally, a larger deadband implies a larger steady state error as 
the system cannot correct roll where the controller error signal lies within the bounds of the 
deadband.
Power requirements recorded during the manoeuvre is shown in Figure 8.34. In the zero 
deadband case there is a small energy requirement prior to the step steer, due to minor oscillation 
of the actuation system. All systems tend towards a similar maximum energy requirement on 
execution of the step manoeuvre. Following the initial response to the manoeuvre (1.5<r<2.0s) 
there is a greater power requirement from the zero and low deadband cases. This is due to 
actuator displacement over-shoot occurring with the zero and low deadbands, which is 
subsequently corrected for by supplying high pressure flow to the opposite end of the actuators. 
This is echoed in the rear and front actuator displacements, presented in Figures 8.35 and 8.36, 
respectively.
In summary, the introduction of a valve deadband into the system has proven to be highly 
beneficial in terms of reducing system response to road noise disturbances. From this viewpoint,
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a large valve deadband provides most advantage. When system response to dynamic manoeuvres 
is considered, it is seen that increasing the valve deadband results in a reduction in system 
response time and an exaggeration of steady state roll error. It can be concluded that a 
compromise must be reached.
By referring back to Figure 8.33 it is seen that the introduction of a relatively small deadband 
(10%) has little influence on dynamic roll cancellation in comparison to the zero deadband case. 
In addition, from Table 8.7 it is seen that the power savings offered during straight line driving 
are substantial. On balance, the use of such a deadband in the roll control actuation system 
presents a significant improvement in overall system performance.
8.7. P-PORT CLOSED VALVE INVESTIGATION
8.7.1. Po ten tia l  Advantages  O ffered  From  P-Po r t  C losed  Valves
Up until this point of the investigations, a three position, four way, closed centre proportional 
directional control valve has been considered for directing flow to the system actuators. The next 
stage of system improvement was to investigate the use of a P-port closed valve, as shown in 
Figure 8.37.
Figure 8.22 illustrated how the additional roll stiffness incurred through introducing active anti­
roll bars results in poor roll attenuation beyond the bandwidth of the actuation system. Although 
improvements over this response could be achieved by reducing the secondary suspension spring 
stiffness, additional benefits could be gained by allowing the active actuators to move freely, or 
free-wheel, during straight line driving. This would effectively remove the additional roll 
stiffness introduced by the active anti-roll bars and improve the high frequency isolation of the 
sprang mass.
There are several issues to address in considering such a valve arrangement. These include the 
implications on system stability, the reduction in system response time due to pressurisation of 
the actuator supply lines, the response of the system to external forces such as aerodynamic side 
loading, and the effectiveness of road disturbance isolation. Each of these points were examined 
with a range of valves centre position pressure-flow characteristics. Prior to this, a BATH/p 
circuit was constructed in order to simulate the performance of such a valve.
8.7.2. P-Port C losed  Valve  S im ulation
A problem was encountered in simulating P-port closed valves in that no suitable BATH/p model 
was available. Rather than write a complex new model for the investigation, a combination of
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existing valves was used to mimic the performance of a P-port closed valve. Figure 8.38 shows a 
hydraulic test circuit with two proportional valves; a flow valve and a leakage valve. The flow  
valve essentially performs the tasks of the P-port closed valve when the spool is operating in 
either of its end positions, ie for the flow conditions P—»A, B—»T and P->B, A-»T. During such 
operations the leakage valve remains in its centre position, closed. For instances where the P-port 
closed valve moves to its centre position the flow valve enters a zero flow deadband and the 
leakage valve opens to its P-»A, B—>T position.
Control of the leakage valve is achieved through use of the leakage valve operator. Figure 8.39 
shows the function followed by the leakage valve operator model. Both valves were rated at 10V 
and a 10% deadband was included within the flow valve. Thus, as the demand voltage falls within 
±1V, the flow  valve closes and the leakage valve opens, allowing flow from the A and B lines, 
through flow restrictions, to tank. Maximum opening of the leakage valve occurs when the flow  
valve is in its centre position (zero demand).
In order to ensure a smooth transition between the openings of the flow  and leakage valves, the 
dynamics of each valve model were set to high frequency bandwidths (100 Hz). A second order 
valve dynamics model was incorporated into the controller, immediately following the forward 
path gain and prior to the signal split for the two separate valves. The resonant frequency of this 
second order transfer function was set to the desired bandwidth of the P-port closed valve (5 Hz, 
for example) and a damping ratio of 0.7 was assumed. Typical response curves for the opening of 
the valves following a step demand are presented in Figure 8.40.
8.7.3. System  Sta b ility  w ith  Varying  Valve  C entre Position  Flow  Rates
System stability following a step demand was investigated using the simulation circuit of 
Figure 8.38. The flow valve flow rating was taken from the test vehicle, Q=7 1/min at AP=5 bar, 
and the leakage valve was rated between 5% and 30% of the corresponding flow valve rating. A 
0.3g lateral acceleration step demand was applied to the system, the response of which is shown 
in Figures 8.41-8.45.
Figures 8.41 and 8.42 show the front and rear actuator displacements following the step demand. 
There is a general reduction in stability as the flow rating of the leakage valve is increased, 
especially seen in the part of the response that would otherwise be steady state. This observation 
is echoed in the valve spool displacements of Figures 8.43 and 8.44. The displacement of the 
leakage valve spool is particularly indicative of the stability problems that may be encountered 
with high centre position flow ratings. It is the combination of a high flow rating with a narrow 
range of valve demand signal over which the centre position operates (±10% of total demand)
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which results in an overall high valve gain. Valve stability may be improved by either reducing 
the centre position flow rating or increasing the range of valve demand signal over which the 
centre position operates.
The comparison presented in Figure 8.45 between the P-port closed valve centre position flow 
rating of 5% normal rated, and the closed centre valve response, indicates that, due to the small 
fluid volume contained within the actuation circuit, there is little degradation in system response 
time due to the lag imposed by system pressurisation.
8.7.4. Ro ll  Response  to  Aerodynamic  S ide Loading
For the aerodynamic side loading tests a laterally applied wind gust of 60m ph was first 
considered. The lateral force generated from this gust was calculated using the standard equation 
for aerodynamic loading;
F = \p V 2CDA (8.20)
with the parameter values set to those given in Table 8.8, below. The calculation yields a force of 
F=784N. This force was applied laterally to the vehicle simulation in the form of a ramped 
loading over a 0.1 second period. The simulation circuit of Figure 8.46 was used for this. Two 
leakage valve flow rates were used; 0.35 1/min (5% flow valve rating) and 2 .101/min (30% flow  
valve rating). For comparison purposes, a closed centre valve arrangement was also tested, 
together with an ideal case where the actuators were given totally unrestrained freedom of 
movement. The results from the tests are presented in Figure 8.47.
p (kg/m2) V (m/s) A (  m2) Coir)
1.225 26.67 3.0 0.6
Table 8.8 Parameters for aerodynamic load calculation.
Although the overshoot magnitudes of the four cases are very similar, there are some notable 
differences in response following the initial transient. Examining the extreme cases of free 
movement and zero leakage, it is seen that by effectively removing the active roll stiffness a far 
more heavily damped response with lower frequency of oscillation is achieved. As was expected, 
the high rated flow valve case is most closely matched to the response of the free movement case, 
and the low rated flow valve case approximates the zero leakage response. The benefits gained 
through permitting the active actuators to move with little resistance is clearly demonstrated here. 
Differences in steady state roll angle are attributed to a combination of actuator stiction and the 
small error introduced by the presence of the valve centre position leakage path.
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8.7.5. Ro ll  Response  to  Road  D isturbances
The simulation circuit of Figure 8.46 was adapted for the inclusion of vertical road inputs to the 
front and rear tyres. The vehicle was driven in a straight line at a constant speed of 10 m/s while 
the left and right hand wheels were ramped through a ±50mm roll displacement input over a 0.5s 
period. The suspension roll angle response for the four different valve cases are shown in 
Figure 8.48
A reduction in frequency of oscillation for the free movement and large flow rate cases, as was 
seen in the aerodynamic loading test, is also observed here. In order that the system response 
could be examined in further detail, a linear analysis was performed with road vertical velocity 
taken as the system input and body roll acceleration as system output. The subsequent frequency 
response results are presented in Figure 8.49.
By examination of the amplitude ratio and phase plots it is seen that there is as increased level of 
damping, a reduced amplitude of response and a lower resonant frequency with the free 
movement and high flow rate cases. The benefits of employing a P-port closed centre valve are 
once again illustrated by these results.
8.7.6. Rem a r ks  on  P-Po r t  C losed  Valving
It has been shown that the introduction of high flow ratings through the centre position of a P- 
port closed control valve can offer an improved response over the performance of a standard 
closed centre valve. For both aerodynamic lateral loading and road based body disturbance 
testing, high flow rate centre position valves have resulted in improved sprung mass isolation, a 
lower frequency of resonance in body roll and a higher level of roll damping. Only small steady 
state errors were introduced and there was no noticeable delay in system response due to the 
additional lag imposed by system pressurisation.
Problems were only encountered when high centre position flow gains were combined with a 
narrow band of spool centre position operation. In the tests presented here, the spool centre 
position range of operation accounted for only ±10% of the total valve rated demand. Stability 
would be improved, and a higher centre position flow rate possible, if a larger proportion of the 
valve demand signal was dedicated to the valve centre position. Such an approach would, 
however, tend to increase the steady state body roll error. Some form of compromise must 
therefore be reached if the potential benefits of employing a P-port closed centre valve are to be 
exploited.
Design and Development of an Active Roll Control Suspension Page 161
School o f Mechanical Engineering University o f Bath
8.8. SUPPLY PRESSURE REDUCTION
8.8.1. Advantag es  of  Reducing  System  Pr essure
System supply pressure has been the subject of discussion in previous chapters and the benefits 
of designing a high pressure system have been highlighted; the primary advantage being a 
reduction in size of almost all the system components. However, with larger operating pressures 
there comes a need for components of greater robustness. An undesirable increase in system 
losses due to parasitic leakage can also be expected.
The prototype system presented here was designed such that the maximum required anti-roll 
moment would be generated at an actuator pressure difference of approximately 60 bar. At the 
time when the hydraulic components were selected, the effect of valve pressure drop on system 
response was unknown and so a high supply pressure (160 bar) was adopted to ensure successful 
operation. This investigation focuses on the reduction of supply pressure to level more in keeping 
with existing vehicle hydraulic systems.
8.8.2. S im ulation  Approach
System pressures ranging between 40-120 bar were considered for the investigation. For each 
pressure a new controller forward path gain was derived using linearisation of the simulation 
circuit shown in Figure 8.2 and by applying the basic stability criteria Gm>3 and 0m>45°. The 
supply pressures under consideration together with their associated forward path gains are given 
in Table 8.9 below. These values were subsequently applied to the simulation circuit of 
Figure 8.1 and a dynamic handling manoeuvre performed. The vehicle was driven at a constant 
speed of 10 m/s and a steering ramp input of +90° was applied over a period of 0.3s. The 
resulting suspension roll responses are presented in Figure 8.50.
Supply (bar) 120 80 60 40
Gain (Vs2m‘‘) 5.63 6.81 7.80 9.44
Table 8.9 Forward path gains for various supply pressures.
From Figure 8.50 it is clear that, once the system is optimised through the selection of an 
appropriate forward path gain, there is little difference in roll response with different system 
supply pressures. It should be noted that all response curves are plotted over a small range of 
suspension roll angle and in no instance is the level of roll excessive. It is know from the system 
design stage that a minimum supply pressure of 60 bar is required to generate the anti-roll 
moment needed for roli cancellation during 0.5g lateral loading. In terms of roll cancellation, 
there would seem to be little advantage in using a supply pressure much above this value.
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The results presented have great implications on the power requirements of the roll control 
system. The simulations have demonstrated that a 60% reduction in supply pressure (from 
160 bar to 60 bar) is permissible without loss of system performance. This factor of reduction 
may be transferred directly to the power requirements presented in the previous sections. 
Furthermore, a reduction in supply pressure to levels of around 60 bar places the system demand 
in line with the requirements of other vehicle based hydraulic systems, such as power steering. 
The investigation has thus shown that not only are the potential power requirements of the roll 
control system low, but also the anti-roll device is suitable for integration with existing vehicle 
systems.
8.9. IMPLEMENTATION OF FEEDBACK GAIN SCHEDULING
8.9.1. Problem s  of  System  Non-L inearity
The application of complex control theory to active suspension systems has been the subject of 
many advanced studies, as previously discussed in Chapter 1. The control system implemented 
within the experimental test vehicle, and subsequently used for all simulation studies, has been a 
simple proportional analogue configuration. Although there is little doubt that the adoption of a 
more advanced control system would give an improved roll cancellation performance, it should 
be noted that the basic proportional controller has been quite adequate for demonstrating the 
effectiveness and potential of an active roll control suspension system.
Possibly the most obvious shortcoming of the basic proportional controller has been its inability 
to deal with the system non-linear characteristics. Although great care was taken during the 
design stages to achieve a linear anti-roll moment versus actuator displacement characteristic, the 
intrinsic non-linearity of the anti-roll mechanism kinematics has resulted in some degree of non- 
linearity. That it is say, the relationship between actuator displacement and the corresponding 
anti-roll moment generated is not perfectly linear. Consequently, the controller gains were set to 
cancel roll at a single operating point of +3.0 m/s2 lateral loading. Any substantial deviation from 
this operating point, especially during the application of large negative lateral accelerations, 
would lead to significant steady state roll errors.
8.9.2. Non -L inear  Correction  V ia  G ain Scheduling
In order to overcome the most basic shortcoming of the proportional controller it was decided 
that some form of gain scheduling should be implemented. By scheduling the value of either the 
accelerometer demand gain or the actuator displacement feedback gain, the system non-linearity 
could be accommodated. An arbitrary decision was made to schedule the feedback gain with a 
function dependent upon measured acceleration.
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The gain function was derived by conducting a series of steady state simulations over a range of 
positive and negative steady state lateral acceleration levels. For each acceleration level the 
feedback gain was slowly varied until perfect roll cancellation was achieved. This process was 
performed with the simulation circuit of Figure 8.51. For each acceleration level a plot of 
feedback gain versus suspension roll angle, as shown in Figure 8.52, was generated and a fifth 
order polynomial approximation fitted to the data. This polynomial was subsequently evaluated at 
zero roll to give an accurate value for the required feedback gain.
Figure 8.53 shows the full range of acceleration levels tested and the corresponding displacement 
feedback gains necessary for zero roll. A second order polynomial approximation was fitted to 
this data in order to yield a function describing feedback gain in terms of measured acceleration. 
This function was subsequently coded into a specialised variable gain model, seen in Figure 8.54, 
for varying feedback gain in response to measured acceleration.
The results from quasi steady state tests for both scheduled and non-scheduled controllers are 
presented in Figure 8.55. There is an obvious improvement in the response of the scheduled 
system with only a small deviation from the zero roll position, most likely due to the small 
amounts of yaw acceleration measured in this pseudo steady state test.
Figure 8.56 shows suspension roll response following a dynamic step steer manoeuvre. During 
this test the vehicle was driven at a constant speed of 15 m/s and a step input of +90° applied to 
the steering. This manoeuvre resulted in a steady state lateral acceleration of +5.7 m/s2. From the 
figure it is seen that the dynamic response of the system remains largely unaffected with the 
introduction of gain scheduling, whereas steady state roll error is quite drastically reduced.
It should be noted that this particular test was performed with a steady state lateral acceleration 
(+5.7 m/s2) similar to that where the non-scheduled system had been set to give zero roll 
(+3.0 m/s2). Hence, tests performed at operating points differing substantially from +3.0 m/s2 
lateral acceleration would yield a more drastic contrast between the responses of the scheduled 
and non-scheduled systems.
It is concluded that gain scheduling has been presented as a simple method for enhancing the 
performance of the simple proportional system controller.
8.10. CONCLUSIONS
A thorough investigation of the prototype active roll control suspension system has been 
presented. The system has been examined with a view to optimising performance, reducing cost 
and minimising overall power requirement. An investigation into the relative stability of lateral,
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yaw and roll acceleration demand measurements has highlighted the potential problems of 
including large components of roll acceleration into the system demand signal. Further studies 
have emphasised the problems associated with roll acceleration measurement in terms of power 
requirement and undesirable system response to road surface roughness. The introduction of a 
yaw acceleration component into the measured demand signal has been demonstrated as offering 
improvements in system response during dynamic manoeuvres.
The investigation of various valve spool arrangements has revealed several means for improving 
system performance, both in terms of power requirement and passenger ride quality. By including 
a deadband into the proportional control valve the system has been prevented from responding to 
small accelerometer demands brought about through rough road surface disturbances. This has 
lead to a substantial reduction in system power requirement and also has valuable implications on 
component wear. Developing this idea still further, through the introduction of a P-port closed 
spool arrangement at the valve centre position, it was possible to reduce the effective roll 
stiffness of the suspension while the vehicle was engaged in straight line driving, thus improving 
passenger ride quality.
Further power savings and cost reductions were achieved by modifying the specification of the 
proportional control valve and hydraulic supply. The test vehicle had been fitted with a control 
valve possessing a bandwidth of 31 Hz; standard for most industrial applications but 
unnecessarily high for the low bandwidth requirements of active roll control. A simulation 
investigation has shown that a valve bandwidth of 5 Hz is quite adequate for successful roll 
cancellation. In addition, an investigation into supply pressure reduction has shown that a 60 bar 
supply is ample pressure for achieving good steady state and dynamic roll cancellation. This 
represents a major power saving when compared to the 160 bar supply used on the test vehicle.
The function of the prototype anti-roll system has been demonstrated with a basic analogue 
proportional controller. However, the subsequent introduction of a gain scheduling function into 
the actuator displacement feedback signal has demonstrated the potential for system improvement 
through application of more advanced control theory.
In summary, the BATH/p simulation tool has been used extensively for the design of a prototype 
roll control suspension system. The system has been implemented within a test vehicle and 
shown to operate successfully, cancelling body roll during steady state and dynamic handling 
manoeuvres. The work presented in this chapter has concentrated on optimising the performance 
of the basic system, primarily through the selection of appropriate hydraulic components and also 
by careful design of a controller accounting for closed loop acceleration stability.
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It is apparent that the system’s potential to operate effectively, even with low bandwidth 
components and a bare minimum of instrumentation for controller operation, makes it highly 
suitable for use within standard passenger vehicles on a large scale basis.
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Figure 8.1 Typical active simulation circuit.







Figure 8.2 Actuation circuit used in linear analysis for forward path gain determination.
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Figure 8.4 Closed loop vehicle representation.
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Figure 8.5 Block diagram representation of vehicle for open loop stability analysis.
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Figure 8.7 Acceleration stability with constant 









Figure 8.8 Acceleration stability with constant 
vehicle speed o f «=10 m/s.
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Figure 8.9 Acceleration stability with constant Figure 8.10 Acceleration stability with constant 
vehicle speed of u=2 m/s. vehicle speed of u= 1 m/s.
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Figure 8.11 Suspension linkage lateral forces applied to the vehicle sprung mass.
driver input
Figure 8.12 Simulation circuit for passive vehicle used in investigating suspension linkage roll moment.
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Figure 8.13 Vehicle based accelerations following 
a step steer manoeuvre.
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Figure 8.14 Suspension linkage roll 
following a step steer manoeuvre.
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Figure 8.15 Comparison of actual (line) and 
predicted (points) suspension linkage roll moment.
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Figure 8.16 Body roll response following a step 









Figure 8.17 Experimental results o f body roll 












Figure 8.18 Body roll response following a step 












Figure 8.19 Simulation circuit for an active vehicle with road disturbance input.
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Figure 8.20 Body roll response to road roll input 
with varying roll acceleration gain.
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Figure 8.21 Body roll response to road vertical 
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Figure 8.22 Body roll response to road vertical Figure 8.23 Suspension roll response to step steer




-0  06 -  7  Hz
-  -  10Hz
15 Hz





Figure 8.24 Suspension roll response to step steer 




Figure 8.25 Road vertical displacement mean 
square spectral density.
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Figure 8.27 Simulation circuit featuring desecrate frequency road roll velocity input.
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Figure 8.28 Simulated minor road surface vertical Figure 8.29 Suspension roll response during rough 
displacement. road testing with varying valve deadband.
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Figure 8.33 Suspension roll response to a step steer 
manoeuvre with varying valve deadband.
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Figure 8.34 System power requirement during a Figure 8.35 Rear actuator displacement during a 
step steer manoeuvre with varying valve deadband. step steer manoeuvre with varying valve deadband.
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Figure 8.39 Operating function followed by the Figure 8.40 F lo w  va lv e  and le a k a g e  v a lv e  openings 
le a k a g e  v a lv e  operator model. following a step demand.
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Figure 8.41 Front actuator response to step demand 
with various centre position flow rates.
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Figure 8.42 Rear actuator response to step demand 
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Figure 8.43 Flow valve spool response to step 
demand with various centre position flow rates.
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Figure 8.48 Suspension roll response following a 
road roll disturbance with various valve 
arrangements.
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Figure 8.49 Frequency response from linear Figure 8.50 Suspension roll response following a 
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Figure 8.51 Simulation circuit used for evaluating feedback gains at discrete lateral acceleration levels.
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Figure 8.54 Simulation circuit featuring scheduled feedback gain as a function o f measured acceleration.
Design and Development o f an Active Roll Control Suspension Page 178





£  -0 .03
—  Gain scheduled




Lateral Acceleration [m /s^]
Figure 8.55 Suspension roll response during pseudo 
steady state testing o f scheduled and non-scheduled 
controllers.
0.1
0.05 —  Gain scheduled









Figure 8.56 Suspension roll response following a 
step steer manoeuvre with scheduled and non­
scheduled controllers.
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9 . C o n c l u s io n s
9.1. OVERVIEW
Active roll control suspension has been presented as a system offering great potential for 
improving the ride and handling characteristics of passenger vehicles. The benefits of eliminating 
body roll are two-fold: Firstly, comfort is improved as proven by numerous subjective tests which 
have concluded that passengers much prefer a fla t ride. Secondly, the elimination of body roll 
enables beneficial changes to be made to the secondary suspension components. These include 
the reduction of spring stiffness and the lowering of axle roll centres.
Roll control system are realisable at much reduced cost in comparison with other active systems, 
partly due to their low bandwidth of operation. In addition, since the system relies upon the 
standard passive suspension components to support the weight of the sprung mass and to isolate 
the occupants from road disturbances, the power consumption requirements of the system are 
potentially low.
With the aid of computer simulation, a prototype suspension system has been designed and 
installed within a standard Mk 2 Ford Fiesta passenger car.
9.2. VEHICLE MODELLING AND SIMULATION
The BATH/5? simulation package was used extensively during the design and development of the 
active suspension system. The combination of an intelligent variable time step integrator with 
extensive libraries of both hydraulic and vehicle model components made the package an ideal 
choice for the simulation of passive and actively suspended vehicles.
The vehicle model set constituted a fourteen degree of freedom system accounting for the sprung 
mass longitudinal, lateral, vertical, roll, pitch and yaw dynamics. Each of the wheels vertical and 
rotational dynamics were also represented. Parametric data describing the vehicle mass, inertial, 
dimensional and suspension kinematic properties were supplied by The Ford Motor Company. 
Several additional models were developed to aid the design of the active suspension system. 
These included the front and rear non-linear anti-roll actuation mechanisms and a fully dynamic 
representation of the pressure compensated axial piston pump which was to be used.
Validation of the computer model was performed by taking measurements from the fully 
instrumented experimental vehicle. Simulation and experimental results were compared for static, 
steady state and dynamic manoeuvre testing in both the frequency and time domains. Correlation 
between simulation results and acquired test data was adequate for validation of the simulation
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model. It is conceivable that many of the discrepancies between the experimental and simulation 
results may be attributed to the widely acknowledged and largely unpredictable variations in tyre 
behaviour.
9.3. SYSTEM DESIGN AND IMPLEMENTATION
The primary aim of the roll control system was to eliminate body roll up to a steady state lateral 
acceleration loading of 0.5g. The system v/as also to possess a sufficient speed of response for 
eliminating all transient roll during the dynamic phase of cornering manoeuvres. In addition, the 
complexity of the system was limited wherever possible so that the overall cost was minimised. 
To this end, a single directional proportional control valve was used to supply high pressure flow 
from an engine mounted pump to two linear hydraulic actuators connected in parallel.
An iterative design process was undertaken enabling the performance of the proposed system to 
be optimised within the restrictions of hydraulic components available. The total anti-roll 
moment was proportioned between the front and rear axles in such a way as to yield an under­
steering handling characteristic similar to that of the passively suspended vehicle. Maintenance of 
a constant lateral load transfer distribution throughout the entire operating range of the roll 
control device was assured.
Two different control strategies were considered; one where a body mounted laterally sensitive 
accelerometer was to provide system demand, and one where lateral acceleration was to be 
mathematically approximated from a combination of vehicle speed, steer angle and steer velocity 
measurement. Despite the feed-forward advantages offered by the steering measurement based 
system, the lateral accelerometer method was favoured due to its insensitivity to tyre variables 
and road surface condition.
9.4. PROTOTYPE VEHICLE PERFORMANCE
Results taken from the stationary vehicle during actuator deflection tests showed the 
commissioned system to possess the potential for roll cancellation up to a lateral acceleration 
level marginally below the 0.5g design condition. This small reduction in system performance 
was attributed to the influence of flexible rubber mounting bushes attached to the anti-roll bar, 
and to a slight error found in the manufacture of one of the anti-roll elements.
Quasi steady state handling tests confirmed these findings when it was shown that total roll 
cancellation was limited to a lateral acceleration of 0.45g. However, such a small reduction in 
system performance was not considered problematic. In the ±0.5g lateral acceleration operating
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range suspension roll was confined to within ±0.5°, representing an 80% reduction in body roll in 
comparison with the passively suspended vehicle.
Dynamic step steer results demonstrated that due to the system’s rapid response, roll was 
attenuated to within ±0.5°. The occurrence of larger transient roll angles in some tests was 
attributed to pump flow limitations associated with the unusually low engine speeds encountered 
during constant speed testing with a continuously variable transmission. The addition of a simple 
hydraulic accumulator was believed to be an adequate remedy for the problem.
Despite the existence of some small problems regarding the influence of rubber bush compliance 
and unusually low engine speed, the prototype system performed successfully, cancelling body 
roll within a lateral acceleration range encompassing the vast majority of most passenger vehicle 
journeys.
9.5. FURTHER INVESTIGATIONS INTO SYSTEM IMPROVEMENT
Further developments of the active system were examined within the BATH#? simulation 
environment. The investigation into lateral, roll and yaw acceleration measurement revealed the 
extreme sensitivity of system stability to roll acceleration measurement at low speed. This 
phenomenon, observed during stationary vibration testing of the vehicle, was due to lateral and 
yaw resonance of the vehicle mass on the lateral stiffnesses of the tyres coinciding with the roll 
resonance of the sprung mass on the suspension. This instability only occurred at low speed. 
Scheduling the controller’s forward path gain as a function of vehicle speed may thus provide a 
solution to the problem.
An analytical approach to determining the optimum amount of yaw acceleration required in the 
demand signal proved to be inappropriate due to the time lag of the bandwidth limited actuation 
system. Success in determining the yaw acceleration component was possible through the use of 
full vehicle simulation. It was also found that the inclusion of a roll acceleration component was 
beneficial to the response. However, due to the influence of roll acceleration on stability during 
rough road driving, a final recommendation was made to position the sensing accelerometer such 
that it would coincide with the sprung mass roll axis.
A control valve possessing a bandwidth of 5 Hz was shown to be sufficiently fast for this 
application and supply pressures as low as 60 bar were seen to provide good dynamic 
performance. Considerable power savings were achieved through the introduction of a valve 
deadband and further ride improvements were obtained by introducing an A-B-T flow path to the 
valve centre position.
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9.6. RECOMMENDATIONS FOR FUTURE WORK
(i) Integration o f active roll control with semi-active damping systems.
As explained at the beginning of the thesis, many researchers have hinted at the potentially large 
benefits available from combining some form of bandwidth limited attitude control suspension 
with semi-active damping. Indeed, several have suggested that this combination of systems may 
well present ride and handling improvements superior to many fully active suspension systems. 
To the best of the author’s knowledge, no material has been published on any such suspension 
arrangement.
(ii) Ride and handling investigation o f a vehicle with ARC tailored suspension.
To realise the full benefits offered by an active roll control suspension it is necessary to consider 
a vehicle suspension which has been especially designed with such a system in mind. The active 
elimination of body roll leaves the designer free to position the suspension roll centre at ground 
level, thus eliminating jacking forces and drastically reducing both track and camber variation 
with changing ride height. In addition, since the springs are no longer required to react changes in 
load due to cornering forces, lower spring stiffnesses may be used. Only by comparison of such a 
suspension system with a conventional passive arrangement will the true advantages of active roll 
control be realised.
(iii) Investigate the feasibility o f an electrically actuated ARC system.
The investigations have shown successful performance of the system with valve bandwidths and 
supply pressures far lower than had originally been anticipated. It is possible that a similar 
performance may be available from an electrically actuated system. However, the ramifications 
of an electrical system, such as cost, size and weight remain unknown without further 
investigation.
(iv) Performance investigation o f a two valve active roll control system.
By independently controlling the anti-roll moments applied by the front and rear anti-roll bars it 
is possible to influence vehicle handling through variation of lateral load transfer distribution. 
Although there are obvious cost penalties associated with an additional control valve it is 
unknown whether the advantages offered by such a system would justify the additional expense.
(v) Full integration o f vehicle hydraulic systems.
Hydraulic systems are commonly used within vehicles for powering anti-lock braking, traction 
control, automatic transmission, power assisted steering and low bandwidth load levelling 
suspensions. Hydraulic fluids are available which are suitable for all of these systems. Through 
careful design it should be possible to integrate all of these sub-systems into a single centralised
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hydraulics system. Careful analysis of the interaction between each system would have to be 
undertaken if a cost effective and safe solution were to be proposed.
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A ppen d ix  A  - S im ulatio n  Pa r a m etr ic  Da ta
This appendix contains all of the parametric data used for the computer simulation of both 
passive and active vehicles. The parameters represent the Mk2 Ford Fiesta test vehicle together 
with its roll control suspension system. The initial values for simulation state variables are also 
given.
A.1. SPRUNG MASS (CA03)
A.1.1. In it ia l Conditions
Body eyebrow height (front) -0.567 (m)
Body eyebrow vertical velocity (front) 0.00 (m/s)
Body eyebrow height (rear) -0.582 (m)
Body eyebrow vertical velocity (rear) 0.00 (m/s)
Inertial X-axis displacement of vehicle CG 0.00 (m)
Inertial Y-axis displacement of vehicle CG 0.00 (m)
Inertial X-axis velocity of vehicle CG 2.00 (m/s)
Inertial Y-axis velocity of vehicle CG 0.00 (m/s)
Vehicle longitudinal axis yaw angle 0.00 (rad)
Vehicle longitudinal axis yaw velocity 0.00 (rad/s)
A.1.2. PARAMETERS
Track width 1.344 (m)
Wheel base 2.288 (m)
Front eyebrow height above rear at zero pitch -0.015 (m)
Horizontal distance from front axle to body CG 0.846 (m)
Sprung mass 867 (kg)
Front unsprung mass 28.85 (kg)
Rear unsprung mass 36.2 (kg)
Vehicle yaw moment of inertia (about CG) 1305 (kgm2)
Sprung mass roll moment of inertia (about CG) 270 (kgm2)
Sprung mass pitch moment of inertia (about CG) 1026 (kgm2)
Sprung mass CG height above mean eyebrow plane 0.123 (m)
Front unsprung mass CG height from ground @ des 0.250 (m)
Rear unsprung mass CG height from ground @ des 0.300 (m)
Steering ratio 18.5 (n: 1)
Front/rear brake torque split 2.00 (n:l)
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Front/rear drive torque split 100000 (n:l)
Vehicle frontal area 1.2984 (m2)
Coefficient of aerodynamic drag 0.35 (-)
Fixed front toe out angle 0.00 (deg)
Fixed rear toe out angle 0.00 (deg)
Fixed front camber out angle 0.00 (deg)
Fixed rear camber out angle 0.00 (deg)
Front/rear active roll stiffness distribution 1.38 (n:l)
Front tyre path 1st polynomial coefficient (constant) 2.1087 (m)
Front tyre path 2nd polynomial coefficient -7.5310 (-)
Front tyre path 3rd polynomial coefficient 13.5961 (in 1)
Front tyre path 4th polynomial coefficient -8.3761 (m 2)
Rear tyre path 1st polynomial coefficient (constant) 0.4880 (m)
Rear tyre path 2nd polynomial coefficient 0.6850 (-)
Rear tyre path 3rd polynomial coefficient -0.6660 (m 1)
Rear tyre path 4th polynomial coefficient 0.0000 (m-2)
Front camber angle 1st polynomial coefficient (constant) -0.5974 (deg)
Front camber angle 2nd polynomial coefficient -38.1950 (deg/m)
Front camber angle 3rd polynomial coefficient 120.1370 (deg/m2;
Rear camber angle 1st polynomial coefficient (constant) -1.4180 (deg)
Rear camber angle 2nd polynomial coefficient 4.0190 (deg/m)
Rear camber angle 3rd polynomial coefficient 0.0000 (deg/m2;
Front toe angle 1st polynomial coefficient (constant) 15.8691 (deg)
Front toe angle 2nd polynomial coefficient -94.9710 (deg/m)
Front toe angle 3rd polynomial coefficient 144.6340 (deg/m2;
Rear toe angle 1st polynomial coefficient (constant) 2.4811 (deg)
Rear toe angle 2nd polynomial coefficient -17.1466 (deg/m)
Rear toe angle 3rd polynomial coefficient 28.2563 (deg/m2;
Front toe angle with side force -0.44e-03 (deg/N)
Rear toe angle with side force 0.0000 (deg/N)
Front toe angle with longitudinal force -30.000e-06 (deg/N)
Rear toe angle with longitudinal force -30.000e-06 (deg/N)
Front suspension pitch angle @ zero ride height -8.0445 (deg)
Front suspension pitch angle change wi' ride ht 28.1548 (deg/m)
Rear suspension pitch angle @ zero ride height -41.1988 (deg)
Rear suspension pitch angle change wi' ride ht 118.7060 (deg/m)
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A.2. FRONT TYRE (CA33)
A.2.1. In itial  C onditions
Side force 0.00 (N)
Aligning torque 0.00 (Nm)
Longitudinal force 0.00 (N)
A.2.2. Pa ram eters
Tyre linear spring rate 184.00e+03 (N/m)
Tyre free radius 0.270 (m)
Tyre damping coefficient 5000.00 (Ns/m)
Tyre relaxation length 0.580 (m)
Tyre/road static friction factor 1.000 (-)
Tyre longitudinal stiffness factor 0.020 (N)
Tyre slip/camber scale factor 1.000 (-)
Tyre longitudinal force relaxation length 0.010 (m)
A.3. REAR TYRE (CA33)
A.3.1. Initial  C onditions
Tyre side force 0.00 (N)
Tyre aligning torque 0.00 (Nm)
Tyre longitudinal force 0.00 (N)
A.3.2. Param eters
Tyre linear spring rate 184.0e+03 (N/m)
Tyre free radius 0.270 (m)
Tyre damping coefficient 5000.00 (Ns/m)
Tyre relaxation length 0.580 (m)
Tyre/road static friction factor 1.000 (-)
Tyre longitudinal stiffness factor 0.020 (N)
Tyre slip/camber scale factor 1.000 (-)
Tyre longitudinal force relaxation length 0.010 (m)
A.4. FRONT PASSIVE SUSPENSION (CA11)
A.4.1. PARAMETERS
Ride height at MM jounce 0.398 (m)
Ride height at MM bump 0.228 (m)
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Jounce stop length 0.025 (m)
Bump stop length 0.025 (m)
Jounce stop force at MM 10.00e+03 (N)
Bump stop force at MM 10.00e+03 (N)
Track width at ground level 1.367 (m)
Damper end to wheel movement ratio 0.90 (n:l)
Damper compression rate 1st polynomial coefficient 538.00 (Ns/m)
Damper compression rate 2nd polynomial coefficient 0.00 (N(s/m)2)
Damper compression rate 3rd polynomial coefficient 0.00 (N(s/m)3)
Damper compression rate 4th polynomial coefficient 0.00 (N(s/m)4)
Damper compression rate 5th polynomial coefficient 0.00 (N(s/m)5)
Damper rebound rate 1st polynomial coefficient 1828.00 (N(s/m))
Damper rebound rate 2nd polynomial coefficient 0.00 (N(s/m)2)
Damper rebound rate 3rd polynomial coefficient 0.00 (N(s/m)3)
Damper rebound rate 4th polynomial coefficient 0.00 (N(s/m)4)
Damper rebound rate 5th polynomial coefficient 0.00 (N(s/m)5)
Single wheel rate 1st polynomial coefficient (pre-load) 9471.00 (N)
Single wheel rate 2nd polynomial coefficient -21.70e+03 (N/m)
Single wheel rate 3rd polynomial coefficient 0.00 (N/m2)
Single wheel rate 4th polynomial coefficient 0.00 (N/m3)
Single wheel rate 5th polynomial coefficient 0.00 (N/m4)
Single wheel rate 6th polynomial coefficient 0.00 (N/m5)
Single wheel roll rate 1st polynomial coefficient 216.53 (N/deg)
Single wheel roll rate 2nd polynomial coefficient 0.00 (N/deg2)
Single wheel roll rate 3rd polynomial coefficient 0.00 (N/deg3)
Single wheel roll rate 4th polynomial coefficient 0.00 (N/deg4)
Single wheel roll rate 5th polynomial coefficient 0.00 (N/deg5)
A.5. REAR PASSIVE SUSPENSION (CA18)
A.5.1. Param eters
Ride height at MM jounce 
Ride height at MM bump 
Jounce stop length 
Bump stop length 
Jounce stop force at MM 
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Track width at ground level 1.321 (m)
Damper end to wheel movement ratio 0.90 (n:l)
Damper compression rate 1st polynomial coefficient 385.0 (Ns/m)
Damper compression rate 2nd polynomial coefficient 0.00 (N(s/m)2)
Damper compression rate 3rd polynomial coefficient 0.00 (N(s/m)3)
Damper compression rate 4th polynomial coefficient 0.00 (N(s/m)4)
Damper compression rate 5th polynomial coefficient 0.00 (N(s/m)5)
Damper rebound rate 1st polynomial coefficient 1444.00 (N(s/m))
Damper rebound rate 2nd polynomial coefficient 0.00 (N(s/m)2)
Damper rebound rate 3rd polynomial coefficient 0.00 (N(s/m)3)
Damper rebound rate 4th polynomial coefficient 0.00 (N(s/m)4)
Damper rebound rate 5th polynomial coefficient 0.00 (N(s/m)5)
Single wheel rate 1st polynomial coefficient (pre-load) 9625.00 (N)
Single wheel rate 2nd polynomial coefficient -25.00e+03 (N/m)
Single wheel rate 3rd polynomial coefficient 0.00 (N/m2)
Single wheel rate 4th polynomial coefficient 0.00 (N/m3)
Single wheel rate 5th polynomial coefficient 0.00 (N/m4)
Single wheel rate 6th polynomial coefficient 0.00 (N/m5)
Single wheel roll rate 1st polynomial coefficient 158.97 (N/deg)
Single wheel roll rate 2nd polynomial coefficient 0.00 (N/deg2)
Single wheel roll rate 3rd polynomial coefficient 0.00 (N/deg3)
Single wheel roll rate 4th polynomial coefficient 0.00 (N/deg4)
Single wheel roll rate 5th polynomial coefficient 0.00 (N/deg5)
Vert dist from PR lower link to unsprung mass 0.067 (m)
Vert dist from PR upper link to eyebrow 0.252 (m)
Length of Panhard rod 0.930 (m)
Dist from PR lower link to tyre centreline 0.230 (m)
Lateral dist from PR upper link to eyebrow 0.300 (m)
Unsprung mass vertical displacement @ des -0.262 (m)
Wheel track 1.321 (m)
A.6. FRONT UNSPRUNG MASS (CA26A)
A.6.1. INITIAL CONDITIONS
Unsprung mass vertical displacement -0.250 (m)
Unspmng mass vertical velocity 0.00 (m/s)
Hub angular velocity -8.00 (rad/s)
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A.6.2. P aram eters
Unsprung mass





A.7. REAR UNSPRUNG MASS (CA26B)
A.7.1. In itia l Conditions
Unsprung mass vertical displacement 
Unsprung mass vertical velocity 
Hub angular velocity
A.7.2. P aram eters
Unsprung mass











A.8. AERODYNAMIC DISTURBANCE MODEL (DIST1) 
A.8.1. P aram eters
Lateral force conversion factor 





A.9. DRIVER CONTROLLER 
A.9.1. In itia l Conditions
Integral speed error
A.9.2. P aram eters
Speed controller proportional gain 







A.10. FRONT ACTIVE SUSPENSION (CA17A)
A. 10.1. P aram eters
Actuator length at mid-stroke, Amid
Length of ARB crank arm, B
Trans length of swing arm, la
Trans dist: swing arm pivot to drop joint, lb
Wheel track
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Anti-roll bar stiffness 2000.0 (Nm/rad)
Vert dist: ARB axis to drop joint at des, hdes 0.084 (m)
Ride height at des, rhdes 0.313 (m)
Actuator stroke length 0.080 (m)
A.11. REAR ACTIVE SUSPENSION (CA17B)
A.11.1. Param eters
Fore-aft dist between crank ends at mdstrk, Amid 0.111 (m)
Length of ARB crank arm, S 0.175 (m)
Wheel track, track 1.320 (m)
Trans dist: wheel centre to drop link end, la 0.060 (m)
Drop link length, L 0.080 (m)
Horiz dist: ARB axis to drop link bottom, P 0.170 (m)
Anti-roll bar stiffness, kR 400.00 (Nm/rad)
Vert dist: ARB axis to actu'tr axis at des, hdes 0.040 (m)
Vert dist: ARB axis to drp link btm at des, ddes 0.116 (m)
Ride height at des, rhdes 0.323 (m)
Actuator stroke length 0.050 (m)
Vert dist from PR lower link to unsprung mass 0.067 (m)
Vert dist from PR upper link to eyebrow 0.252 (m)
Length of Panhard rod 0.930 (m)
Dist from PR lower link to tyre centreline 0.230 (m)
Lateral dist from PR upper link to eyebrow 0.300 (m)
Unsprung mass vertical displacement @ des -0.262 (m)
A.12. FRONT ACTIVE ACTUATOR (HA10A)
A.12.1. Initial  Conditions
Actuator piston end pressure 70.00 (bar)
Actuator rod end pressure 86.569 (bar)
Actuator displacement from end stop 0.040 (m)
Actuator velocity 0.000 (m/s)
A.12.2. Pa ram eters
Actuator diameter 32.00 (mm)
Actuator rod diameter 14.00 (mm)
Actuator stroke 0.080 (m)
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Actuator mounting angle 0.00 (deg)
Effective mass to be moved 2.00 (kg)
Stiction force 10.00 (N)
Coulomb friction force 10.00 (N)
Speed dependent friction coefficient 300.0 (N/(m/s))
Actuator piston leakage coefficient 0.00 (L/min/bar)
Effective bulk modulus for hydraulic fluid 17.00e+03 (bar)
A.13. REAR ACTIVE ACTUATOR (HA10B)
A.13.1. Initial  Conditions
Actuator piston end pressure 70.00 (bar)
Actuator rod end pressure 86.569 (bar)
Actuator displacement from end stop 0.025 (m)
Actuator velocity 0.000 (m/s)
A.13.2. Param eters
Actuator diameter 25.00 (mm)
Actuator rod diameter 10.94 (mm)
Actuator stroke 0.050 (m)
Actuator mounting angle 0.00 (deg)
Effective mass to be moved 2.00 (kg)
Stiction force 10.00 (N)
Coulomb friction force 10.00 (N)
Speed dependent friction coefficient 300.0 (N/(m/s))
Actuator piston leakage coefficient 0.00 (L/min/bar)
Effective bulk modulus for hydraulic fluid 17.00e+03 (bar)
A.14. PISTON PUMP COMPENSATOR CONTROL VALVE (PUVIC2)
A.14.1. Initial  Conditions
Compensator spool displacement 0.00 (m)
Compensator spool velocity 0.00 (m/s)
A.14.2. Param eters
Compensator spool diameter 3.20 (mm)
Compensator valve spring stiffness 35.024e+03 (N/m)
Pump set pressure 214.00 (bar)
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Maximum valve opening P to A 2.769 (mm)
Flow coefficient 0.62 (-)
Effective mass of valve spool 4.55 (g)
Valve spool overlap 0.228 (mm)
Maximum valve opening A to T 1.029 (mm)
Spool stiction force 0.00 (N)
Spool coulomb friction force 0.00 (N)
Speed dependent friction coefficient 50.00 (Ns/m)
Control port orifice diameter
A.15. PISTON PUMP SWASH PLATE MECHANISM (PUVIC3) 
A.15.1. Initial  Conditions
Compensator piston displacement 0.00 (m)
Compensator piston velocity 0.00 (m/s)
A.15.2. Param eters
Piston diameter 1.00 (mm)
Spring stiffness 30.856 (N/m)
Spring preload 48.93 (N)
Effective mass of swash mechanism 208.00 (g)
Pump maximum displacement 3.605 (cc/rev)
Piston displacement at D=0 9.525 (mm)
Stiction force 0.00 (N)
Friction force 0.00 (N)
Speed dependent friction coefficient 500.00 (Ns/m)
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